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4, 10 | For diesel and petrol engines for passenger cars, the fuel injection
system has long since been in the focus of development. However, there
is still a need for further improvement — in addition to an increase in
pressure, important development fields include multiple injection and
metering accuracy. For decades, there has been relatively little movement
in fuel injection technology for marine diesel engines. But now, the severe
tightening of emissions standards is leading to a dramatic change. System
pressures need to be increased, and the loads on the components are
rising accordingly. At the same time, the special requirements regarding

durability and cost-effectiveness remain in place.
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RESEARCH IS
THE FUTURE

Dear Reader,

Many of the academic theses written at
the institutes of our technical field deal
with current issues relating to engine
technology in a very application-oriented
manner. This is by no means a bad thing
for students, as it confronts them at an
early stage with projects that they will en-
counter later on in their professional life.

Recently, I was able to take a closer look
at research being carried out at the Clus-
ter of Excellence “Tailor-Made Fuels from
Biomass” at the RWTH Aachen. There,
twenty institutes are jointly working on
the future of our mobility. Their research
approach is unique throughout the world:
whereas others try to produce biofuels in
such a way that they reproduce the prop-
erties of petrochemical fuels to the great-
est possible extent, the researchers in
Aachen focus on developing combustion
processes and biofuels at the same time.
Their aim is to find a fuel that provides
optimum, clean combustion.

The scientists in Aachen are also pur-
suing new approaches towards producing
fuel from biomass. The components are
not first split up into individual hydrogen
atoms and carbon monoxide molecules
at very high temperatures and then “re-
combined” to produce fuel by means of
Fischer-Tropsch synthesis, but a catalytic
process is used to convert them directly
into those molecules that can be burned
in the engine. Such a process could be
much more energy-efficient.

MTZ 0412011 Volume 72

We already published a report on initial
successes of this research in the Decem-
ber issue of MTZ. And we will, of course,
intensively follow the developments. After
all, even if the success of this approach,
in other words its large-scale implementa-
tion, is by no means certain and will take
at least another ten years, such basic re-
search makes us future-proof!

MTZ sees itself as a technical-scientific
journal that also goes beyond the articles
from universities that we publish. Re-
search in the field of drive systems and
energy sources will continue to be the
main focus of our reporting in the future.

it

JOHANNES WINTERHAGEN, Editor-in-Chief
Julich, 10 February 2011

EDITORIAL
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FUEL INJECTION SYSTEM
KEY COMPONENT FOR FUTURE
EMISSION TARGETS

Optimum mixture formation is an essential requirement for low engine-out emissions. That applies to both

diesel and spark-ignition engines. A summary by Volkswagen shows which potentials innovative direct-injection
systems still offer in this field.
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INCREASING DEMANDS

The introduction of direct injection in
both spark ignition (SI) and compression
ignition (CI) engines has led to a continu-
ous improvement of engine performance
as well as to a significant reduction of
untreated emissions. Volkswagen’s first
direct injection spark ignition (DISI) en-
gine - the FSI with stratified charge and
so-called swirl injectors — went into pro-
duction in 1999. Since then, direct injec-
tion technology has continuously evolved.
The TSI engine introduced in 2005 com-
bined supercharging and homogeneous
direct injection. The downsizing strategy
pursued in this engine not only reduced
emissions but also helped implement fur-
ther optimization potentials with regard to
CO,. The TSI was also the first engine to
use multi-hole fuel injectors in order to
improve mixture formation.

The steady increase of the mean effec-
tive pressure in SI and CI engines calls for
the consistent further development of key
engine components, most notably fuel
injectors and high-pressure fuel pumps.
As regards the these two components,
intensive efforts are being made to advance
the technological progress for both engine
types with the objective of preparing the
fuel quantities required for downsizing
the best possible way while, at the same
time, keeping in mind the basic challenges
concerning fuel consumption and emis-
sions. The reduction in both the number
of cylinders and combustion chamber vol-
ume give rise to further requirements to
be met by the injection system. This, in
turn, allows all advantages of downsizing
with regard to weight, combustion method,
and friction to be fully exploited. As Volks-
wagen engines are used all around the
world, the issue of differing fuel qualities
poses another big challenge to the injec-
tion system. The requirements concerning
the quantitative accuracy of fuel injected
are steadily increasing. Therefore, a devia-
tion of <5 % between the cylinders of a
given engine is to be aimed for at a test
pressure of 20 MPa. Given multiple injec-
tion and a fuel rail pressure of 20 MPa,
the required minimum fuel quantity to be
injected under all circumstances is defined
as <2 mg per pulse with injection dura-
tions of <0.5 ms.

In the field of CI engines, in which mas-
tering smallest injection quantities has long

5
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been an issue, the minimum injection
quantity is currently 0.5 mg. Future
requirements will be between 0.2 and

0.3 mg at pressures of 200 MPa and higher.

FUEL INJECTION IN CI ENGINES

Volkswagen’s 2007 changeover to using
common rail technology in diesel engines -
driven primarily by the ever increasing
requirements placed on exhaust treatment -
marked another step towards improving
flexibility and precision.

The use of piezo technology in servo-
actuated common rail injectors generally

High pressure
connector

Piezo actuator

™ Lever unit

Valve piston

Electrical
connector

Solencdd actuator

High pressure

connector
Valve piece

Pressure-balanced valve

@ Section of a CRI 2.18 solenoid valve injector

allowed for both a greater number of par-
tial injection events and shorter breaks
between them. Bosch has managed to
develop more cost-efficient solenoid
valve injector concepts featuring the
aforementioned advantages, which will
be further exploited by future injection
systems with increased injection pres-
sures. When combined with pressure-
compensated shift valves, the switching
times of the magneto-inductive actuators
are accurate enough to be used in EUS
and EU6 engine concepts. @ shows a CRI
2.18 injector used for injection pressures
of up to 1800 bar. At Volkswagen, this in-

Electrical connector (VDA)

_ Return flow
=~ connector

© Clamping nul

Injector housing

@ Section of Continental’s directly controlled injector

jector type has almost completely replaced
the CRI 3.18 piezo injector used in 2.0 1
TDI engines.

Newly developed common rail injectors
with directly controlled valve needle exhibit
further potential for multiple injections
and very stable minimum fuel quantities,
even for long service lives. The needles of
these injectors are no longer actuated
indirectly via servo valves and pressure
differences between needle seat and needle
backside induced thereby. Instead, they
are actuated more or less through the
direct, positive locking connection with
the piezo actuator.

Currently, there are two suppliers for
directly actuated fuel injectors. Delphi
offers the DFI 3.0 injector that was pre-
sented in 2008 and which has already
been introduced in a number of series
production applications. What is special
about this injector is the integrated
hydraulic needle motion amplifier. Its
purpose is to increase the needle lift
generated by the piezoelectric actuator,
thereby providing adequate valve lift for
injection. It also serves to ensure that the
injector is sealed leak-tight when no cur-
rent is applied, which is achieved by com-
bining the motion amplifier with a closing
spring. During operation, the injector is
opened by discharging the piezoelectric
actuator and closed by applying the con-
trol voltage between the individual injec-
tion events. Another special feature of this
injector concept is that the piezoelectric
actuator is accommodated within a vol-
ume of fuel located inside the injector,
close to the nozzle. The aim of this setup
was to significantly reduce the susceptibil-
ity to pressure waves. The challenges that
had to be met in this context involved
ensuring complete leak tightness of the
electric components.

Continental’s directly controlled injec-
tor, @, has already been presented on
various occasions under the development
name New Generation. In this injector,
the piezoelectric actuator’s direction of
motion - which is opposite to the opening
direction of the valve needle - is inverted
by means of a mechanical lever system.
This system features a transmission ratio
ensuring that the needle is lifted suffi-
ciently without restricting the fuel flow.

Ever decreasing injection quantities
combined with the ever growing demand
for precise injections have resulted in in-
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creased requirements placed on both the
quantitative accuracy and the accuracy of
injection timing. A variety of correction
functions for compensating the tolerances
of mechanical and electronic components
used in injector systems are already estab-
lished and used in series production. The
future, however, will see a very interesting
closed loop control system used in this
particular application case. The speed of
the valve needle changes abruptly when it
reaches its end positions. This, in turn,
produces an evaluable change in the cap-
acitance signal which allows the injection
timing to be controlled online for each
individual valve lift. It thus becomes
possible to compensate changes and drift
on the piezoelectric actuator and on the
needle seat over the entire service life.

BOOT INJECTION

Directly actuated piezo injectors allow for
the course of the injection process to be
manipulated, which opens up additional
potentials. Although current injector sys-
tems used in large-scale production are
capable of performing up to eight injec-
tions per combustion cycle, there is always
a time interval of a few ps between each
injection which cannot be shortened. This
is due to the well-known issue of suscep-
tibility to pressure waves in the injector
which, despite the use of attenuators and
compensating algorithms, still causes sig-
nificant problems. @ shows a comparison
between a standard injection process with
multiple offset injection events and a boot
injection process, which, e.g., improves
acoustics when the engine is idling and
reduces emissions in the emission-rele-
vant range.

MTZ 0412011 Volume 72

LEAKAGE

Fuel leakage on the injectors has turned
out to be a major drawback that is charac-
teristic of common rail injection system
used to date. The leakage sources to be
named are the inevitable switching leak-
age of the servo valves and the permanent
leakage on the needle guides and the con-
trol piston which still leaves room for op-
timization. Keeping in mind that leakage
rates ranging from 5 to 20 1/h - which
correspond to the actual fuel demand of
the engine - are nothing unusual, the

— Bool; dm,_/dt = 6.6 mg'ms, t-hid-boot = 0.25 ms_.—" _
|—— Boot; dm,__jdt = 4.2 mg/ms, t-hid-boat = 0.40 ms—" 1_ |

solution of this issue bears an enormous
potential for reducing CO, emissions.
With the Delphi injector, the leakage issue
has already been solved completely, and
the permanent leakage rates of the Conti-
nental system are far below the values
common today.

INFLUENCE ON EMISSIONS

The new possibilities allowing even
smaller fuel quantities to be used during
the individual injection events can be uti-
lized to reduce emissions significantly.

O Current multi-hole injector
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This applies in particular to systems with
high rail pressures and multiple injections.
The application of exactly definable injec-
tion processes, particularly in emission
test cycles with higher engine loads, in-
creases EGR compatibility while, at the
same time, reducing particle emissions by
up to 30 % in some points. This, in turn,
is accompanied by a reduction in pressure
increase rates and thus combustion noise.
The fact that this can be used to obtain
higher utilizable injection pressures and
to improve particle emissions is no longer
a secret of diesel engine developers.

The key component of a diesel injec-
tion system is the injection nozzle which

converts the fuel pressure into the foun-
dations of efficient combustion, i.e., high
jet speed and best possible atomization
with smallest droplets and high pene-
tration depth. Still, the key to obtaining
high-performance nozzles is to use
state-of-the-art technologies for rounding
off nozzle edges in combination with
matched conicity and the smallest possi-
ble hole diameter. The use of new electric
discharge machining procedures allows
for the efficiency of pressure conversion
to be further increased. The only con-
straints in this context are manufacturing
tolerances and the safe distance between
the nozzle and surfaces with excessive

oo -\

o \
90 %

T~

85 %

80 %

T~

75 %

70 %

Sauter mean diameter d_, [mm]

65 %

smoothness, which could lead to coking
of the injection holes due to the lack of
microcavitation.

FUEL INJECTION IN SI ENGINES

When designing the spray geometry of
state-of-the-art DISI combustion systems,
various boundary conditions such as the
injection hole diameter, the injector posi-
tion, and the motion of the air entering
the combustion chamber have to be taken
into consideration. One of the main devel-
opment tasks therefore consists in posi-
tioning the individual fuel jets of the
multi-hole injectors, @, used at Volkswa-

O Influence of the rail pressure prail on the Sauter
mean diameter d,

60 % T T T T T T
8 10 12 14 16 18 20

Fuel pressure [MPal

22
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gen in such a way as to obtain the desired
spray geometry.

What is aimed for when designing fuel
spray geometries is to ensure that the
individual fuel jets utilize the combustion
chamber volume in the best possible way.
Injectors with four, five, six and seven
holes are tested during the design process
with the objective of achieving best possi-
ble homogenization. The final decision on
which spray geometry to use for which
engine concept is contingent on the meas-
urement results of the specific engine con-
cepts. This approach is also currently being
used in the development of the combustion
system of the next generation TSI engines.
Here, the objective is not only to achieve
optimal homogenization, but also to avoid
any contact between the cylinder walls
and the injected fuel.

The special design of the injection holes
reduces the amount of fuel wetting the
combustion chamber roof and the piston
as well as the amount of hydrocarbons in
the vicinity of the cylinder wall (wall
quenching). This also leads to a consider-
able reduction in the emission of pollut-
ants, which, in the end, is also the result
of a significantly reduced fuel jet penetra-
tion depth, @.

The development of special spray
geometries furthermore reduces deposits
on the piston surface and the combustion
chamber roof which, again, reduces emis-
sions. The rail pressure in the next gener-
ation of DISI engines will be increased to
a maximum of p, , =20 MPa, which will
results in a reduction of the Sauter mean
diameter d,,, ®. The fine atomization of
the injected fuel improves not only mix-
ture formation, but also the emission
behavior and fuel consumption.
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IMPROVING THE DYNAMIC
PROPERTIES OF FUEL INJECTORS

Different measures are being taken to im-
prove the dynamics of fuel injectors.
Especially the injector holes must be
manufactured with a high degree of pre-
cision in order to keep variance between
the individual injectors to a minimum. In
operating ranges with both short and
long injection durations this increases
the accuracy of the injection, @. This, in
turn, improves the overall running
smoothness of the engine and reduces
emissions.

Especially in systems with multiple
injection, which are used in an increasing
number of applications, improving the
dynamic properties of injectors will result
in more stable engine operation and
reduced emissions.

INJECTION STRATEGIES

As mentioned above, multiple injection
strategies are becoming more and more
important both in catalyst heating opera-
tion and in the rest of the engine map.
Current concepts use three individual
injection events for engine speeds of up to
n=3000 rpm and two injection events in
the engine speed range from n=3000 rpm
to n=4000 rpm. This improves fuel econ-
omy and reduces emissions. Multiple
injection offers a wide range of possibili-
ties with an immense number of potential
combinations that have to be taken into
consideration during development. The
first step thus consists in using automatic
optimization processes based on genetic
algorithms in order to parameterize all
combinations and possibilities. Limited

parameter spaces and parameter variations
are then tested on the actual injection sys-
tem in order to confirm the optimal settings.
This approach reduces the time required
for the application of multiple injection to
a minimum.

SUMMARY

This article goes to show that - even
though individual parameters may differ
significantly when viewed from an abso-
lute perspective - the development of
both SI and CI engines is generally head-
ing in the same direction as regards the
rail pressure, multiple injection, and fuel
metering accuracy of the respective injec-
tion systems. In addition to increasing the
injection pressure, efforts are being made
to develop solutions that increase the flex-
ibility of injection as well as the fuel
metering accuracy. In order to master the
challenges of ever stricter emission legis-
lation and to meet the increasing fuel con-
sumption objectives, both engine types
will feature the same design details and
make use of the same materials, manufac-
turing methods, and required corrective
functions within the software structures.
The further development of injection sys-
tem components will contribute signifi-
cantly to achieving the primary objective
of reducing untreated emissions by means
of optimal mixture formation.
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INJECTION TECHNOLOGY
FOR MARINE DIESEL ENGINES
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Increasingly strict emissions legislation worldwide is also resulting in further improved fuel injection

systems for marine diesel engines. Bosch has developed a product range of common rail systems
with an injection pressure of up to 2200 bar for medium-speed marine engines that will also be able
to comply with the future Tier 4 and IMO 3 emissions standards.
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DIFFERENT REQUIREMENTS FOR
DIFFERENT APPLICATIONS

For decades fuel injection systems for
marine diesel engines did not change sig-
nificantly. The requirements for cost, ro-
bustness, durability, packaging and func-
tion could be met with standard inline
and mechanical unit pumps. The fuel
injection systems are now changing dra-
matically due to increasing requirements
for emissions and fuel consumption.

Throughout history, Inline Pumps (IP)
were used to drive marine engines. They
were limited in terms of variable timing
and injection pressure (approximately
1200 bar). Electronically controlled Unit
Pumps (UP) and Unit Injectors (UI) have
one more degree of freedom, i.e. the ad-
vantage of flexible injection timing within
the limits of the cam profile. These cam-
driven fuel injection systems provide higher
injection pressures (up to 1800 bar) based
on more robust camshafts and flexible
timing. Both of these modifications there-
fore lead to a benefit in fuel consumption
and emissions.

Since emission limits became even more
stringent Common Rail Systems (CRS)
were introduced to the market. They have
two additional degrees of freedom: injec-
tion timing and injection pressure.

Bosch is the only company in the world
offering diesel injection systems and, in
particular, Common Rail Systems for pas-
senger-car, commercial-vehicle and large
diesel engines. The uses to which diesel
engines are put in marine applications are
as varied as the demands made on the in-
jection system. Marine engines can be seg-
mented into the following categories, @:

derivatives of commercial-vehicle

engines

high-speed engines
: medium-speed diesel and heavy-fuel-

oil engines

low-speed heavy-fuel-oil engines.
For high-speed marine engines of up to
2.5 1 displacement/cylinder, Bosch offers
the third generation of its Common Rail
System for commercial vehicles (CRSN3),
which is based on commercial-vehicle
components and has been optimized for
off-highway applications. For engines of
over 2.5 l/cylinder, Bosch has developed
the particularly robust Modular Common
Rail System (MCRS) and has been active
in this field in a wide variety of applica-
tions since 2004. For medium-speed die-
sel engines with especially long service
intervals, the MCRS-T will be going into
series production in 2012. Operation with
heavy fuel oil makes special demands on
the Common Rail System. Bosch devel-
oped together with MAN Diesel&Turbo a
system especially optimized to meet
these requirements, the HFO-CRS. This
system is available in future also for
other customers.

EMISSIONS: DRIVING FACTOR OF
MARINE INJECTION TECHNOLOGY

Bosch supports its customers by develop-
ing injection and exhaust-gas treatment
systems and thus permits great flexibility
in the development and application of
marine engines which are optimized as
regards emissions and fuel consumption.
An extremely long service life, many gen-
eral overhauls and retrofitting with mod-
ern injection and exhaust-gas treatment
systems in order to meet the most recent
fuel-consumption and emission standards
are state of the art. Their field of applica-
tion ranges from performance-optimized

HD-TRUCK MEDIUM SPEED LOW SPEED
ENCINEJCAIEGORIES DERIVATIVE HIGHISEEED (FOUR-STROKE-ENGINE) (TWO-STROKE-ENGINE)
Cyl.-volume () <25 25-7 4-32 33-290 134 - 1800
Cyl.-output (kW) <120 <250 < 500 <2100 <7760
Speed (rpm) > 1400 > 1400 > 1400 > 450 <450
FIE IP, UP, CRS PF, IP, CRS UP, PF, CRS PF, CRS PF, CRS
Pleasure boats Ferries Container ship

) Fast ferries . .

Application Tug boats Tanker Main propulsion
Coast guard . .
River boats Ocean liner

Fishing boats

Ul = Unit injector

UP = Unit pump

IP = Inline pump

CRS = Common rail system

PF = Single plunger pump

(1) Segments of the marine engine market

MTZ 0412011 Volume 72
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Derivatives

High speed

Medium speed

2006 2007 2008 2009 2010 2011 2012 2013 2014

[ EPA Tier 3

yachts to the robustness-optimized main
drive units of tankers and container ships,
®. All applications are subject to the rele-
vant legal exhaust-gas regulations (e.g.
EPA, IMO) which will be significantly
tightened up in the years between 2012
and 2016, @.

To fulfill future emission limitations,
measures inside and/or outside the
engine will be required. Here, too, Bosch
is primary relying on Common Rail tech-
nology. This meets the demands for the
necessary flexibility of injection rates and
multiple injections, permitting further
increases in pressure while at the same
time minimizing hydraulic losses. Individ-
ual customer-specific stipulations deter-
mine the type of Common Rail System
applied to specific engine types and sizes.

Today approximately one tenth of the
world’s entire nitrogen-oxide emissions
are attributable to shipping. Shipping is
seen as a large-scale emitter of sulfur
dioxide and soot particulate. The Interna-
tional Maritime Organization (IMO) has
thus decided to reduce the exhaust-gas
threshold levels in stages. From 2011 on,
emissions of nitrogen oxide must be re-
duced by 20 %, from 2016 by 80 %. A
start toward reducing the high emissions
of particulate and nitrogen oxide can be
made via the fuel used or via the ship’s
engine itself (inside-engine measures and
injection technology) as well as via atten-
tion to the exhaust-gas system.

12

[ [ [ [
MCRS-18
[ |

|
CRSN3-18
|

|
CRSN3-22

[ EPA Tier 4 [ IMO Tier 2

To reduce the emission of particulate,
the sulfur content of the fuel is to be dras-
tically cut down. Here there are a variety
of threshold limits: “Global Caps” apply
on the high seas. Zones with emission reg-
ulations (Emission Control Areas, ECAs)
have considerably stricter limits. The Glo-
bal Cap for sulfur in heavy fuel oil is at
present 4.5 %. On 1% January 2012 it will
be reduced to 3.5 % and, probably from
2020 on, to 0.5 %. The top limit for sulfur
in fuels used in Emission Control Areas
was reduced from 1.5 % to 1.0 % in March
2010. From 2015 it will be further reduced
to 0.1 %. On the drive side, the emission
limits valid from 2011 can be achieved via
optimized combustion processes. For the
next stage, special techniques are needed
to reduce NO, emissions. The EPA also
defines limits for particulate emissions. At
0.04 g/kWh for Tier 4 applications, these
present a particular challenge, calling not
only for optimization of the combustion
processes but also for a further increase in
fuel injection pressure to 2200 bar.

TECHNOLOGIES TO FULFILL IMO
AND EPA EMISSION LIMITS

The CRSN 3, @, with injector, high-pres-
sure pump, rail with ancillary components
(pressure sensor, pressure limiter, pressure-
control valve) and control unit offers excel-
lent preconditions for optimizing the com-
bustion method, with the capability of up

[ IMO Tier 3

@ Marine diesel injection
technology roadmap

to seven injections per cycle. It has been
in production since 2008 and supports
engines with an output of <120 kW/cylin-
der 2200 bar have been available since
2010. The system pressure required is gen-
erated without pressure amplification by
the high-pressure pump and stored in the
rail. The excellent hydraulic efficiency is
determined by the pump and the injector.
Injector performance (CRIN3):

: injection pressure range 250 to

2200 bar (2500 bar planned)

. nozzle flow 400 to 1300 cm?3/30 s at

100 bar with calibration oil

DIN 1SO4113
. injection quantity 1.5 to 450 mm?3/

stroke
. possibility of seven consecutive

injections
. efficiency increase (vs. 1800 bar
injector)
: reduced backflow quantity (~ 50 %)
: no leakage.
Design:
: plug and play to former generations

(same outer geometry)

: no internal leakage (increased
efficiency)

. reduced steering volume

. flexible interface to the engine.

For engines <120 kW/cylinder, a high-
pressure pump (CPN5-22/2, 2200 bar,
inline plunger pump with two cylinder
elements) is used. This is a fuel-lubricated
pump of modular construction.

personal buildup for Force Motors Ltd.



Pump performance (CPN5-22/2):

. pressure level of 2200 bar released,
2500 bar in development

: inlet pressure 0.35 to 1 bar abs

: back pressure 1.8 bar abs

: inlet temperature -25 °C to 80 °C

: integrated gear pump and fuel meter-
ing unit

: maximum output 250 1/h (2500 bar).

Design:

: fuel lubricated

. two cylinders inline

. weight-reduced design (-30 % vs. pre-
vious generation).
The Modular Common Rail System
(MCRS) has been developed for high-
speed engines > 120 kW/cylinder and
has been adapted to meet the needs of
marine engines. The MCRS is unique in
its design and differs significantly from a
standard Common Rail System. The
MCRS does not have a rail to distribute
fuel to the various injectors and therefore
can be adapted “modularly” to different

Rail
pressure
sensor

engine types, e.g. six, eight and ten cylin-
der in-line engines, or eight, ten, twelve
and 16 cylinder V-type engines. The vol-
ume of the rail has been integrated into
the High Pressure Pump (HPP) and the
injector. Both of them dampen the pres-
sure spikes from pumping and injection
events. The MCRS consists of high pres-
sure pump, pressure limiting valve, injec-
tors, ECU and several sensors.

A cross-section through the MCRS
injector reveals details, showing pressure

© CRSN3 system layout
and injection program map

High pressure pump

=

Pre-filter I

Electronic control unit

Injector

Pressure and quantity curve CPN5-22/2

U1

=

. High pressure
- Low pressure

Injection strategie

=

2400 325
2200 300
2000 275
S 1800 250 o
8 225 = 3
o 1600 200 § s
2 1400 175 £ @
g @ £
§ 1000 2
L =3
& 800 75 %
600 50 =
400 | Fuel temperature 80 °C 25
200 0
500 1000 1500 2000 2500 3000 3500
Pump speed [rpm]
MTZ 0412011 Volume 72

Engine speed
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High pressure pump

System layout of a modular common rail system MCRS-16

for large high speed engines

Pressure sensor
T =

nlet metering valve

Max
pressure i Goar Eump
valve I = FThge—o

with integrated
accumulator

Filter

High pressure pump H Filter

Sensors
I Il Actuators
FAaN

mm Low pressure g
== High pressure

1 Electronic

&5 &> control unit

Injection characteristics MCRS-22

800 I —
_ —— 600 bar
g 7997 —— 1000 bar
s ——— 1600 bar
Z 600 —
z —— 1800 bar -

Injector E 500 — —— 2000 bar

> —— 2200 bar " L]
£ 400
2
= 300 5
8 200
(' /

100

——/
0 e
0 500 1,000 1,500 2,000 2,500

O Modular Common Rail System (MCRS)

damper, internal volume, the robust ball
type solenoid valve and the cavitations’
and wear optimized nozzle, @. A injec-
tion characteristic is optimized for mini-
mum amounts and the stable characteris-
tics across the entire program map are
mandatory necessary for Tier 4 applica-
tions. The family of pumps from L2 to L5
covers fuel delivery to engines of between
0.5 and 2.25 MW and, with dual-pump
drive, up to 4.5 MW.

CHALLENGE: FUEL QUALITIES

A particular challenge for Common Rail
Systems in marine applications are the
regional variations in fuel quality. High
particulate loading and deposits from
fuels led to the development of the espe-
cially robust injector control valve,
which is based on a particulate-resistant
ball-seat valve. The rotation of the ball
ensures that initial damage caused by
particulate does not lead to the forma-
tion of erosive channels. As the valve
does not contain any conduits subject to
high pressures, the danger of deposits

14

building up in narrow passages is also
minimized.

For medium-speed engines the MCRS-
16-T was developed, which is extending
the advantages of the MCRS-16 to per-
formance classes up to 500 kW/cylinder
and permitting the use of plug-in pumps
(CP9.2). The existing installation space
and cam drive of PF or UP drives can also
be ideally utilized for the MCRS.

Above and beyond this, Bosch offers a
Common Rail System for heavy-fuel-oil
engines <270 mm bore, which fulfills the
IMO Tier 2 emission regulations with con-
siderably reduced particulate emissions,
©. There are two variants for different
engine-power classes. Control of the Bosch
heavy-oil injector does not require a servo
system. This results in reduced losses,
rapid response behavior and a reduction
in the complexity of the injection system.
The nozzle is pressure-controlled and
thus only subjected to pressure during
injection. This prevents undesired long-
duration injections. Exchanging nozzles
on the spot is possible without restric-
tions. The Common Rail high-pressure

Energizing time [ps]

pump compresses the heavy oil to an
injection pressure of maximal 1600 bar.
The unit involved is a cam-driven high-
pressure pump with built-on metering
unit to control the system-pressure. The
pumps have been optimized to prevent
gumming and the special sealing design
of the scavenging valve guarantees wear-
free operation.

The heavy-oil Common Rail System for
marine engines and auxiliary machines
with over 270 mm bore, @, was devel-
oped with MAN Diesel&Turbo and differs
from the above system by separating the
control valve from the injector. This per-
mits the use of a conventional nozzle-
and-holder assembly (DHK). Conversion
from conventional to Common Rail tech-
nology is thus simple to implement. Serv-
icing the nozzle-and-holder assembly can
be carried out separately from the control
valve on board.

A single feed pipe is available to supply
two engine cylinders each. Injection is
controlled by a robust control unit with
2/2 and 3/2 valve on each accumulator
end cover, switching the high pressure

personal buildup for Force Motors Ltd.



Rail pressure

sensor

Max. pressure

@ CRS for HFO medium speed engines
< 270 mm bore

limiter

= @High pressure valves
K [ [ pumps with inlet
i ‘ metering valves
| = | B B Rails) B Fiow
[ | | [ | ] = *
f \.@J' * | T T T
- <+
r Injector (1...n)
—_— Actuators Sensors with 3/2-way
f * A valve
Euel Supply
filter pump b Engine speed
(crank)

Pre-

heating § %

Engine speed
o) (cam)

Flushing
valves

mmmm High pressure

between accumulator pipe and mechani-
cal DHK. The flow-limiter valve in the
accumulator pipe prevents the injection
of unintentionally large amounts. A
pressure limiter in the system ensures
that no excessive system pressure is cre-
ated in the case of a fault in either the

metering unit or the pressure sensor.
Bosch developed components are the
3/2 way valve, flow limiter, circulation
valve, maximum pressure valve and the
inlet metering valve for the high pressure
pumps. The System responsibility has
MAN Diesel&Turbo and they developed

= LOW pressure

the high pressure pump, accumulator and
mechanical nozzle-holder assembly. ECU
and fuel lines are also in responsibility of
MAN Diesel&Turbo.

Both injection systems considerably
reduce black-smoke emissions and
improve part-load fuel consumption.

> -
Rail pressure  Pump )
sensor rail Pressure relief valve é@ @@ @
| I il
|
= . B =
HP pumps 3/2-way

* valve *

Fuel Pre
filter healling

t4

N
_ X

Flow limiter

* Mech. *

* nozzle-

holder
assembly
(1...n)

f@ A\

Circulation €=
pump
Fuel
filter Supply Actuators pyo\ Engine speed
pump g (crank)

Pre-filter

Engine speed
(cam)

O CRS for HFO medium speed engines > 270 mm bore
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*With inlet metering valves

Circulation
valve

==== High pressure
=== | Ow pressure

Bosch components
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OUTLOOK

The introduction of new emission limits
faces modern injection systems with new
challenges. Increasing the system pressures
puts higher loads on the injection compo-
nents as regards stability, wear and tempera-
ture. At the same time, the robustness and
economy must be retained. To further
develop the existing diesel Common Rail
platforms for marine engines, Bosch is
working on increasing pressures to 2200 bar.
This system for distillated fuels will be
available from 2012 and will be introduced
in stages for all high-speed and medium-
speed engines. Conscious use will be made
of the experience gained and technologies
already used for increasing injection pres-
sures in the automobile sector.

In order to be able to achieve the emis-
sion targets via measures inside the
engines or exhaust-gas treatment as well
as good fuel-consumption values for the
engines the full flexibility of the CR injec-
tion system and injection pressures up to
2200 bar for the future emission stages
Tier 4 and IMO 3 will be needed.

Bosch is already working together with
MAN Diesel&Turbo on the second system
generation of the heavy-oil Common Rail
Systems with injection pressures of up to
2200 bar and the possibility of multiple
injections permitting further combustion
optimization. A feasibility study on this is
being carried out. This system generation
will help to meet the emission targets of
IMO 3 (from 2016).
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INDUSTRY PISTON
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FRICTION POWER MEASUREMENTS
OF A FIRED DIESEL ENGINE —
INFLUENCE OF PISTON SKIRT COATINGS

Reducing engine-internal friction is one of the most important development goals in engine design. With
extensive tests on fired diesel engines, Mahle engine testing has determined the potential of individual design
parameters for the piston group. In order to be able to classify the potential of piston skirt coatings as the
parameter studies were conducted, three different coating materials were also tested with respect to friction
and wear.
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frictional pairs

FRICTION MEASUREMENT

Various measurement methods can be
used to determine friction losses. @ shows
a series of methods for determining the
friction of individual frictional pairs as well
as of complete engines. These range from
external engine testing of individual engine
components, via methods using motored
engines, to several methods based on dif-
ferent measurement principles using fired
engines. The most suitable measurement
method is selected based on the param-
eters to be investigated.

Tribometer testing allows coatings to be
evaluated by determining their coefficients
of friction. Both the dry coefficient of fric-
tion and a coefficient of friction for a de-
fined lubricant amount can be determined.
The complex frictional and lubrication
conditions in the tribological system of the
piston group, however, cannot be repro-
duced exactly. Conclusions about the po-
tential friction savings in a real engine are
therefore only of limited use.

Measurements of a motored engine, due
to their nature, do not provide any infor-
mation about the actual effects of load on
engine friction. If the engine is externally
charged while being motored, the effects
of gas pressure can indeed be simulated,
but not under the true temperature condi-
tions. Therefore the associated thermal
expansion of the components does not
occur, due to the lack of combustion. This
means that a significant change in operat-
ing clearances under increasing load, and
the associated change in lubrication con-
ditions, cannot be assumed to occur. Re-
sults from baseline studies [1, 2], however,
show that it is precisely these phenomena,
in addition to the engine speed, that have
a significant influence upon the friction
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losses of a combustion engine. Engine fric-
tion tests, particularly of components of the
piston group, should therefore be performed
on a fired engine whenever possible.

Measurements based on the floating
liner method can be performed in either
motored or fired operation. The operating
range of the engine, however, is limited
for this method. At the moment meas-
urements taken in respect to the crank
angle, can only be made up to speeds of
3500 rpm and peak cylinder pressures up
to 120 bar. The cylinder distortion that
occurs in a complete engine can also not
be simulated using a floating liner engine.
For this reason, the friction conditions
that are created do not correspond exactly
to the reality of a complete engine.

Friction losses of a complete engine can
be determined using the indication method.

The indicated mean effective pressure is
determined using pressure sensors, which
together with the high precision torque
measurement allow a difference to be de-
termined and this is the friction mean
effective pressure.

Fuel consumption measurements pro-
vide information about the overall efficien-
cy of an engine. In order to be able to trace
back to changes in mechanical efficiency
(mechanical friction), all other efficiencies
that are used to calculate the overall effi-
ciency must remain constant. The combus-
tion and gas exchange must therefore be
monitored by high-pressure and low-pres-
sure indication. Exhaust gas measurements
are performed sporadically as additional
verification. If the derived fuel consump-
tion improvement is correlated to the
mechanical friction losses of the engine,
then a comparative evaluation of changes
in friction losses of components can be
performed using fuel consumption or CO,

Simulation @ Selected measurement methods for determining friction in s

individual frictional pairs or complete engines
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INDUSTRY PISTON

measurements. However, this requires a
great deal of measurement effort, even
exceeding that of the indication method.
The engine results presented below were
obtained using the indication method with
a 2.0 1 diesel engine. The engine-external
results are based on tribometer testing.

PISTON SKIRT COATINGS

Coating of the piston skirt is primarily in-
tended to prevent local welding between
the piston and the cylinder, the piston seiz-
ing. A risk of seizing exists under extreme
operating conditions, such as
. lack of local clearance, caused by
mechanical and/or thermal deformation
of the cylinder
lack of clearance due to thermal over-
load of the piston
insufficient oil supply, such as during
a cold start
insufficient lubrication capability of the
engine oil, caused by fuel contamination

in the oil, extremely high operating tem-

perature, or excessive aging of the oil,

during a cold start and during late injec-
tion for exhaust gas treatment

“green” engine, when the piston, rings,

and cylinder have not yet been run in.

In a series of tests, using a piston profile
that has a risk of seizing and by reducing
the installation clearance of the piston,
such an extreme situation is created delib-
erately. The friction mean effective pres-
sure for coated and uncoated pistons is
compared for fired operation in each case,
until the uncoated piston seizes.

The friction mean effective pressure for
three different loads is plotted against the
installation clearance in @. It is evident
that the minimum friction results at an
installation clearance of about 120 pm.
With increasing installation clearance, the
friction mean effective pressure increases
again, due to more significant secondary
piston motions, with greater tip angles.
The friction mean effective pressure also

increases again as the installation clearance
is reduced. This increase in friction mean
effective pressure can be traced to lower
hydrodynamic proportions and greater mixed
friction proportions for the piston skirt.
Starting from the full-load operating
point 2, the advantages of a piston skirt
coating can be demonstrated strikingly.
With the coating, under identical operating
conditions, the friction mean effective pres-
sure of the engine (measured without auxil-
iaries) can be reduced by up to 8 %; see
operating point 3. If the focus is not on
reducing friction losses, but on the require-
ment to have smaller installation clearances,
then the present example also demonstrates
this potential. For the same friction mean
effective pressure, a skirt coating allows sig-
nificantly lower installation clearance while
providing the same assurance with respect
to seizure resistance; operating point 4.
@ shows clearly that the effect of the skirt
coating on frictional power increases greatly
with low clearances.
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@ Effects of installation clearance and skirt coating on friction mean effective

pressure; engine temperature 90 °C, speed 4000 rpm
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© Friction power loss measurements as piston seizure occurs
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O Maximum values from friction mean effective pressure difference maps, at an engine temperature of 90 °C —

the values are taken in the run-in state

In @ and @, 1 indicates a partial load
operating point, running without a skirt
coating. If, starting from this operating
point, the load is increased further at a
constant speed (operating point 2), this
leads to increased thermal and mechani-
cal loads on the piston, and thus to a
reduction in operational clearance. With
the uncoated piston, this leads to piston
seizing after running for only a short time.
This is indicated by an extremely large
increase in friction mean effective pres-
sure and in the cylinder wall temperature.

SKIRT ROUGHNESS

The extent to which a reduction in friction
power loss can be attributed to the surface
roughness of the skirt, and the extent to
which it can be attributed to the coating
material, is shown in @.

The previously demonstrated difference
in friction power loss with and without
coating is based on the different serial
production conditions “rough aluminium”
and “smooth Grafal,” which have very
clear differences in surface roughness in
run-in condition. If the parameter of skirt
roughness is investigated in isolation,
then it can be seen that even aluminium
with a smooth surface leads to lower fric-
tion losses. A direct comparison of coated
and uncoated piston skirts, with compara-
bly smooth surfaces, indicates only a
slight potential for improvement. The
appreciable advantage of a coating can
therefore be attributed to the change in

MTZ 0412011 Volume 72

surface roughness. This result leads to the
conclusion that the friction on the piston
skirt can be chiefly improved by increas-

ing the hydrodynamic proportion, and
less so by the coating material and its
coefficient of friction.

NEW PISTON COATING

The side loads on the piston skirt increase
as engines are subjected to higher loads
(downsizing), therefore future skirt coat-
ings must provide improved wear resist-
ance in the tribological system of the pis-
ton/cylinder bore, over the entire lifespan
of the engine, without increasing friction
losses in the engine.

In order to be able to meet these require-
ments, several skirt coating materials were
tested for suitability. External engine tribo-
meter testing as well as engine friction
and wear measurements were used. The
specifications of the tested coatings are
summarized in @.

The results obtained are shown in @.
The two top bar charts show results from
external engine tribometer tests, and the

PROPORTION IN WEAR-RESISTANT

COATING TYPE BASE RESIN SOLID LUBRICANT THE COATING ADDITIVES
Grafal 255 Polyamide-imide Graphite Approx. 35 % No
Evo Glide Polyamide-imide Graphite Approx. 35 % Yes
Molykote D-6024  Polyamide-imide MoS Approx. 45% No

Graphite

Approx. 5%

(5] Coating specifications: all coatings consist of solid lubricant particles dispersed in resin, and are printed onto

the piston skirt and cured
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O Results for friction and wear from tribometer testing, compared to results from engine tests (averaged over

the operating map)
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@ Derived friction mean effective pressure difference map for fired engine operation,

using Grafal and Evo Glide as a skirt coating

two bottom charts show those from en-
gine testing.

Three different skirt coatings were tested
in the tribometer tests, using a grey cast
iron test body as a frictional partner. The
elapsed time until failure of the coating in
the unlubricated condition was used as
the measurement variable. In addition, the
coefficient of friction of the friction pairs
is determined for the lubricated state after
a certain run-in period. Here it is evident
that only a moderate improvement in the
coefficient of friction, relative to an uncoated
aluminium skirt, can be obtained with a
typical graphite skirt coating. The coating
containing MoS, and the new Evo Glide
coating, in contrast, achieve a coefficient
of friction that is many times lower.

Because these material characteristic
values obtained from external engine test
benches only insufficiently represent the
real conditions in the engine, the coatings
were further tested in a fired engine run
for wear resistance and friction power per-
formance. The wear and smoothing of the
various coatings after a defined period of
time are shown at the bottom left of ®.
They were determined using roughness
measurements over the entire skirt length,
at several different defined locations on
the piston skirt, and therefore represent an
integral value for the skirt. In case of wear,
the result from the tribometer tests can be
reproduced very well, and the same rank-
ing order is evident. ®, at the bottom right,
shows additionally the friction power loss
savings potential of the various skirt coat-
ings, as determined in the engine. There-
fore the friction mean effective pressures
for each variant are integrated over the en-
tire engine operating map and shown in
comparison. The large change in the fric-
tion coefficient of the MoS, coating and
the Evo Glide coating from the tribometer
tests cannot be reproduced in the engine.
This leads to the presumption that the pis-
ton skirt appears to run under largely
hydrodynamic lubrication conditions in
normal engine operation.

22

D.0B -
D.06 =
D.04 =
0.02 9

0.00

FMEP difference [bar]

FRICTION MEAN EFFECTIVE
PRESSURE DIFFERENCE MAPPING

® shows that all of the piston coatings
tested - averaged over the operating

map - are at the same level of friction. A
closer examination of the friction mean
effective pressure difference map, how-
ever, shows that the different coatings can
be associated with slight advantages that
depend upon the operating point. The
MoS, coating, for example, shows slight
advantages at higher speeds and loads.
The Evo Glide coating, on the other hand,
shows advantages more in the range of
the operating points relevant to the fuel
consumption cycle, @.

CONCLUSION

With new coating materials on the piston
skirt, improvements in wear behaviour
can be achieved, particularly in highly
loaded engines. For the case of suitable
combinations of the new coating materi-
als with design measures, such as clear-
ance, piston profile, and piston skirt
roughness, additional friction power loss

Advantage for Evo Glide

potentials can be opened up that would
have been considered insignificant just a
few years ago.
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INDUSTRY AUXILIARY SYSTEMS

VARIABLE FLOW SPUR GEAR OIL PUMP
FOR UTILITY VEHICLE ENGINES
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By the use of variable flow oil pumps for the lubricating of internal combustion engines advantages in fuel
consumption and CO, emission of up to 3 % can be achieved. While variable flow oil pumps increasingly
can be find in passenger car engines, in future this trend might spread also to utility vehicle engines. There-
fore IFM Motorentechnik has developed a new variable flow oil pump to meet the specific demands of utility
vehicle engines.
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OBJECTIVE

Based on long-standing developing experi-
ences in variable flow oil pumps [1] for
passenger car engines the objective was to
develop a variable flow oil pump for utility
vehicle engines. Utility vehicle engines are
almost exclusively diesel engines and differ
from passenger car engines essentially by
bigger displacements and higher cylinder
figures. They have a maximum engine
speed of 3000/min and are mostly oper-
ated in continues working. Variable flow
oil pumps for utility vehicle engines must
correspond to these demands and must
work in particular about a long durability.
The well known constructions of vari-
able flow oil pumps of passenger car en-
gines, like spur gear pumps [2, 3], “Pen-
delschieber” pumps [4, 5] and vane cell
pumps [6, 7], are basically also usable for
utility vehicle engines. After comparing
their specifically usability for utility vehi-
cle engines finally the conception of a vari-
able flow spur gear pump with two deliv-
ery units was pursued, which promises
advantages concerning complexity, pro-
duction costs and wear resistance.

PUMP DESCRIPTION

The conception of the variable flow spur
gear pump has two parallel working deliv-
ery units with a total of only three gear-
wheels. With a size interpretation for small
utility vehicle engines a compact pump
building was designed, which is shown in
@. The middle one of three side by side
located gearwheels is part of a sliding
unit, which is movable in the pump hous-
ing by oil pressure against a spring and a
regulating pressure in the spring chamber.
By the variable axial adjustment of the

MTZ 0412011 Volume 72

© ™o step variable flow oil pump

Pressure
channel 1

Suction channel 1

@ Sectional view onto the gearwheels

middle gearwheel relative to both other
gearwheels the oil flow quantity can be
varied. A control piston, positioned above
the sliding unit, controls the regulating
pressure in the spring chamber. Devia-
tions to the requested engine oil pressure
level are corrected automatically by the
control piston by a suitable adaptation of
the oil flow quantity.

The cover of the pump housing con-
nects by two channels, ®, the suction and
the pressure sides of the two pump units.
For these connections via the cover the
pump housing has two suction channels
and two pressure channels, as shown in
the sectional view in @. As a result of the

Suction channel 2

Pressure channel 2

different rotation directions of the three
gearwheels the pressure sides of both
delivery units are in diagonally opposite
positions, and the suction sides too. The
oil pressure creates radial forces from
both pressure sides onto the sliding unit,
but they are compensating themselves.
This leads to a minimal friction between
the movable sliding unit and the pump
housing. By this advantage on the one hand
a high precision for oil pressure regulation
is achieved and on the other hand the wear
between the sliding unit and the pump
housing is minimized for a long pump
durability. A rise in pump life time is
caused too by using different gearwheel

25
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cog numbers with eight cogs for both
external gearwheels and nine cogs for the
middle gearwheel for alternating cog
interventions.

Caused by small sizes of the pump
gearwheels a relative high pump speed is
realizable without any cavitation prob-
lems. Therefore the engine driven pump
can be operated by a chosen pump trans-
mission ratio of 1.8 in speedy translation.
The relative high pump speed combined
with two pump delivering units lead to a
high pump flow quantity.

Both connected pump delivering units
suck in the oil below suction channel 1,
while above pressure channel 1 the oil
flows to the engine. Alternatively both
pump delivering units could supply their
oil flow via two pressure channels to dif-
ferent oil systems, for example for sepa-
rated crankshaft and valvetrain lubrica-
tion. A survey of the main technical data
of the variable flow oil pump:

: pump construction: spur gear /

2 delivering units
: module: 3.5
: number of gearwheels: 3
: cog numbers: 8 /9 /8
: gearwheel length: 25 mm
. pump flow quantity: 26.6 cm? / rev
: pump transmission ratio: 1.8.

Oil pressure regulation by varying the oil
flow quantity can be done by different
regulation systems. For the utility vehicle
oil pump a two-step pressure regulation

by a control piston was chosen like used
in passenger car engines [2, 7]. This
achieves appreciable fuel consumption
advantages with only low expenditure.
Furthermore by the control piston about
the whole engine lifetime a constant oil
pressure level is guaranteed, independent
of increasing oil flow quantity caused by
more and more engine wear. Therefore
the oil pressure level can be adjusted rela-
tively low with increased advantages in
fuel consumption. For the two-step pres-
sure regulation the control piston is pres-
sure acted on two surfaces, on the first
surface permanent and on the second sur-
face switchable by a magnetic valve. This
electrically easiest changeable engine oil
pressure allows for example a general
pressure level at 3.5 bar and a reduced
pressure level at 2 bar for maximum fuel
reduction at low engine speed. Utility
vehicle engines predominantly operated
in the upper engine speed range do not
need the two-step regulated oil pressure
level. That causes cost and complexity
advantages by cancelled electric compo-
nents without appreciable fuel consump-
tion disadvantages.

TEST OPERATION

A prototype of the oil pump, @, was pro-
duced and tested on a pump test bench.

For the simulation of a realistic engine oil
flow rate at cold and warm conditions in

the test temperature range between 20 °C
and 100 °C, the test bench oil cycle used
an especially developed flow resistor. The
measured pressure behind a filter module
in the test bench cycle was used as the
“engine oil pressure” for acting the pump
regulation. The pump was operated di-
rectly driven by an electric motor up to a
maximum pump speed of 5000/min. For
result evaluation the engine speed later
was calculated by the factor 1.8 of the
simulated transmission ratio.

At first the variable flow oil pump was
tested for generally checking up the pump
functions. Then the two-step pressure
regulation system, switched by a magnetic
valve, was optimized. The nearly friction-
less adjustment of the movable sliding
unit led to a very sensitive pressure regu-
lation with high ability for reproduction.

For evaluation the improvement poten-
tial, finally the variable flow oil pump was
also operated as a simulated constant flow
oil pump with full oil flow by a blocked
sliding unit and manual adjusted bypass
pressure regulation.

PRESSURE REGULATION
AND OIL FLOW

The two-step switchable engine oil pres-
sure levels are shown in @ above the en-
gine speed. Orientated to a linearly rising
pressure demand the electrically switched
E1/E2 pressure change-over between the
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[ Full flow &; -
5 WA
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° 2.0 & —
c -~
£ —
i=
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(3] Engine oil pressure
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elected pressure levels of 2 and 3.5 bar was
chosen at 1500/min. Because the pressure
regulating control piston works as a pres-
sure sensor, the engine oil pressure is only
minimal influenced by the oil temperature.

Near engine idling and above 90 °C the
variable flow oil pump works at full oil

flow, so the not more increasable engine
oil pressure drops under the E1 pressure

level, but remains above the engine pres-
sure demand. If necessary later with real
engine oil supply the maximum pump oil

flow must be increased to guarantee

Engine speed [rpm]

enough oil pressure at hot idling. At more
pressure demand, for example to activate

piston cooling, the engine oil pressure can
be raised in the lower engine speed range

also to the E2 pressure level.

In @ the pump oil flow, dependent on

the simulated engine oil flow resistance, is
shown for the two-step pressure regula-
tion. While at the E2 pressure level and
95 °C the oil flow amounts 44 1/min, the
oil flow decreases at the E1 pressure level
and higher oil viscosity at 25 °C up to
nearly 5 I/min. Near idling and above
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(4] Pump oil flow

90 °C due to the chosen pump size the oil
flow decreases and causes a reduced
engine oil pressure, like shown in ®.

PUMP DRIVING POWER

Substantially for the aimed fuel consump-
tion advantage of variable flow oil pumps
is their reduced pump driving power by

the engine compared to conventional con-
stant flow pumps with bypass regulation.
This advantage in pump driving power of
the tested prototype is shown in @. For

(5] Advantages in
pump driving power
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this comparison the simulated constant SUMMARY REFERENCES

flow pump was manual bypass regulated
at a pressure of 3.9 bar. Depending on
engine speed and oil temperature the ad-
vantages in pump driving power are up to
2.4 KW. The pressure reduction to the E1
pressure level in the lower engine speed
range causes raised advantages in pump
driving power, what is expressed by the
partial overlapping of the E1/E2 charac-
teristic curves.

Evident in the proportional represen-
tation of the advantages in pump power
input in @ is, that the two-step pressure
regulation of the variable flow oil pump
leads to advantages between 50 and 70 %
compared with a conventional constant
flow pump. Nevertheless at low engine
speed and higher temperatures these
advantages decrease, and latest at hot
idling with full oil flow the advantage
of the variable flow oil pump drops to
zero. These proportional advantages in
pump driving power of the tested varia-
ble flow oil pump are also be expected
for bigger utility vehicle engine/pump
interpretations.
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The prototype tested variable flow spur
gear oil pump with two delivery units is
a compact pump construction, which
recommends itself by easy to manufac-
ture pump parts and high wear resist-
ance for application in utility vehicle
engines. While for engines operating
mostly in the upper engine speed range a
constant level pressure regulation is
already advantageous in fuel consump-
tion, the more improvement potential of
a two-step pressure regulation can be
used for engines often operating in the
lower engine speed range. Compared
with conventional constant flow oil
pumps with bypass regulation pump
driving power advantages of up to 70 %
are achievable by using variable flow oil
pumps. This advantages lead to a higher
engine power as well as reductions in
fuel consumption and CO, emissions.
The increasingly application of variable
flow oil pumps in passenger car engines
can be expected also for utility vehicle
engines in future.
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INDUSTRY GAS ENGINES

J624 — WORLD’S FIRST
GAS ENGINE WITH
TWO-STAGE TURBOCHARGING
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Stationary gas engines are an important part of decentralized energy supply.
This is because of their low emissions, a high level of availability, the large fuel
flexibility — and their high efficiency. GE's new J624 for instance, the world’s first
two-stage turbocharged gas engine, achieves an electrical efficiency of 46.5 %.
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GAS ENGINES MEET STRINGENT
EMISSION STANDARDS BY ENGINE
MODIFICATIONS

For years gas engines have been gaining
importance within the global energy mix.
One reason for that is the comparatively
good, long term availability of natural gas,
combined with the option to burn special
gases, such as biogas, landfill gas, coal
mine gas or steel gases, while maintaining
a high level of efficiency. In addition to that
GE’s Jenbacher gas engines meet the most
stringent emission standards, for example
the German Technische Anleitung Luft (TA
Luft). This makes large gas engines a com-
parable cleaner technology for supplying
electricity and heat around the globe as
part of a decentralized structure.

The ambient conditions, ranging from
the temperate latitudes to arctic areas and
to a hot and humid tropical atmosphere,
pose very high requirements to engine
robustness: Annual operating time can be
as long as 8000 hours with an availability
of over 95 % for a very long lifetime mostly
under full load conditions. Jenbacher gas
engines fulfill these requirements along
with the most severe emission standards
despite varying gas quality and gas com-
position. In accordance with TA Luft 2002
the engine emission level is warranted to be
< 500 mg of nitrogen oxides (NO ) per Nm?
and an even more severe < 250 mg/Nm?
(at 5% O, in the exhaust gas) for densely
populated areas. Currently a suggestion is
being discussed within the EU to lower this
limit to a maximum of 200 mg/Nm3 NO,.
In contrast to the diesel engine, future gas
engines will continue to be able and meet
these challenging standards without exhaust
gas after treatment.

For more than 50 years GE’s Jenbacher
gas engine division has been developing
solutions for the never-ending list of new
technological challenges to stationary gas
engines and is thus driving technology for-
ward. The latest product is the two-stage
turbocharged 24-cylinder lean burn engine
J624, @. It produces 4.4 MW of electric
power and reaches an electrical efficiency
of 46.5 % by combining a set of blocks fea-
turing new technology.

TECHNOLOGICAL TRENDS

The GE’s type 6 gas engine provides a
perfect historical trend of how highly effi-
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P, Ny Mot LENGTH WIDTH HEIGHT WEIGHT GENSET
50 Hz 4400 kW 46.5 % 89.0 % 12m 25m 29m 44 t
60 Hz 4360 kW 46.0 % 88.5 % 14 m 25m 29m 47t

@ Technical data of the two-stage turbocharged 24-cylinder lean burn engine J624

cient gas engines developed: By increasing
the brake mean effective pressure (BMEP)
in combination with a continuous improve-
ment of combustion and optimization of
the charging as well as the charge exchange
process, the electrical efficiency (m,,) of
the generator set could be increased from
an original 38 % in 1994 (at 12 bar BMEP)
to 45.6 % in 2009 (at 22 bar BMEP) while
always meeting TA Luft.

The new J624 with two-stage turbo-
charging, portrayed in this paper, has an
M, 0f 46.5 % and produces 4.4 MW (at
24 bar BMEP). It follows the same general
path of development. However, new tech-
nology blocks are combined to push the
limits of current serial engines. The road
to far advanced Miller valve timing and
the optimized lean-burn combustion pro-
cess, enabling highest efficiency levels
and lowest NO_ emissions, was paved by
two-stage turbocharging, @.

Combined with the optimized Moris
high energy ignition system along with
refined control strategies and algorithms,
these technology blocks facilitate a suffi-
ciently wide operating band between the
knock and misfire limits. In particular
they make operation possible at high alti-
tudes and under tropical hot conditions
without compromising efficiency.

ENGINE AND CHARGING

The new J624 is based on a modular
build consisting of the three units base
engine, turbocharger auxiliary module,

e
A

O
N,

Upto40°C 50-70 °C

and the generator. Like all previous GE’s
Jenbacher gensets, the new engine runs
at 1500 rpm to generate a grid frequency
of 50 Hz.

The J624 version of the type 6, which
had gone into customer operation in 2009,
provided the basis for development work.
Up to that point it was the GE’s Jenbacher
gas engine with the highest electrical out-
put of 4 MW. Type 6 engines work with
exterior mixture preparation, which is done
in a gas mixer located before the compres-
sor, and with Miller valve timing plus a
lean-burn combustion process with a gas-
enriched pre-chamber.

To further increase the power and effi-
ciency while improving the potential for
bringing down nitrogen oxide emissions
technology blocks had to be developed
which would facilitate a substantial
increase of the air-fuel ratio A and a
reduced knock tendency despite higher
compression and higher specific power.

Far advanced Miller valve timing re-
duces the knock tendency, however, it also
increases the required charge pressure
beyond the level needed for the increased A.

Using single stage charging the required
compression ratio of considerably > 6
would have been just about achievable
with special turbocharger technology. But
even so the turbocharger efficiency would
have dropped dramatically to a value of
under <60 % which would have offered
no buffer for future improvements. There-
fore the decision was made to develop a
two-stage turbocharging which offers a

e
Ao 20

50-70 °C

o)
N,

(2] Principle design of the two-stage turbocharging and intercooling
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Methan number > 80, 500 mg/Nm? NO,

potential peak pressure level of up to
10 bar at a charging efficiency of >73 %.

The newly developed charger module
consists of a low-pressure compressor
with subsequent intercooling, a high-pres-
sure compressor with mixture cooling and
the corresponding high- and low-pressure
turbocharger turbines on the exhaust side,
©. Power control of the engine is done via
a compressor by-pass. All three possible
by-pass options - by-passing both com-
pressors, high-pressure compressor by-pass,
and low-pressure compressor by-pass —
were analyzed during the early develop-
ment phase together with the optimum
design of turbine and compressor wheels.

The optimum realization of the two-
stage turbocharging not only provides the
required pressure level in the intake pipe
to facilitate far advanced Miller valve tim-
ing but it also provides the necessary
pressure differential of 1000 mbar between
inlet and outlet side. To avoid scavenging
losses caused by mixture charging (HC
emissions and loss of efficiency) the valve
timing was further optimized, particularly
during the overlap phase, to find a trade-
off between flushing (residual gas level)
and HC-slip.

Closing the inlet valves very early leads
to a charge expansion and re-compression
in the cylinder which considerably brings
down the compression end temperature
and the temperature in the end zones and
thus the knock tendency. The valve tim-
ing of the new J624 is defined to avoid
knock during the entire engine lifetime
despite a maximum permissible mixture
temperature after the intercooler of above
70 °C and despite 24 bar BMEP, and vary-
ing gas fuel quality.

This high temperature level in the intake
system avoids mixture condensation even
under tropical conditions and thus allows
to achieve full efficiency and power at
ambient temperatures of over 40 °C, given
a suitable design of the turbo chargers.

In addition the heat from the mixture
cooler can be dumped by much smaller
horizontal air coolers under the above

personal buildup for Force Motors Ltd.



mentioned tropical conditions and with-
out the need for a cooling tower. In a
combined heat and power installation this
heat can be fed into the heat circuit and
can help to increase the overall plant effi-
ciency to more than 90 %.

The new J624 combustion process is
based on burning a lean mix in combina-
tion with a gas-enriched pre-chamber. The
very lean mixture (A >2) in the main com-
bustion chamber is ignited by the flame
jets emerging from the pre-chamber,
which ensures a complete combustion.
Within the pre-chamber the lean mixture,
which is enriched by additional gas, is
ignited by a special spark plug that ensures
ignition even at 60 bar firing pressure.
This combustion process and in particular
the tuning of flame orifice channel shape,
charge movement, piston and pre-cham-
ber design had to be newly developed to
warrant an optimum combustion timing
and a complete combustion even under
very lean conditions, @. The new J624
development was completed by more
sophisticated and improved control strate-
gies and algorithms which mostly serve to
control power, knock and emissions, but
which are still based on the Leanox con-
cept’s patented approach.

DEVELOPMENT METHODOLOGY

It takes a lot to keep up or even exceed
the high level of quality during a new
development while pushing previous lim-
its at the same time: On top of 50 years of
experience a powerful and reliable devel-
opment methodology is also needed, @. It
integrates the various tools and methodol-
ogies, such as databases, simulation pro-
cesses and tests, in a simultaneous engi-
neering process.

Case-AN_T06.0:Comb-Resclion_Progress Venablal-]

© The turbochargers in the
auxiliaries module; the arrow
indicates the exhaust flow

First slage

Alr inbet filter

Engine axhaust

Mixlure
1o engine

Second stage

The beginning of any development is
formed by analyzing requirements in
detail, which in turn is based on a pro-
found understanding of customer require-
ments and legal standards around the
world. These are driven down from the
product level to functions, systems, and
sub-systems, right to the individual compo-
nent. During this the engine base design is
defined, a process that draws on databases,
experience with similar types, competition
analyses, working-process calculation as
well as 1D flow simulation. As early as in
the first concept stage the most important
target parameters of the engine, such as
power, efficiency, emissions, but also cost,

Case AN T16.0Comb Reaclion Progress Vanishlal-|

O Flame progress of the combustion and level of burn-out
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Exhaust

Hot side
cannaction

have to be modeled with sufficient preci-
sion to be able and evaluate the influence
of operating conditions, gas quality, plus

engine and systems concepts.

During the next step the concepts are
described in more details via more power-
ful simulation, such as 3D in-cylinder flow
and combustion, FEA analyses, single cyl-
inder engine testing and component test-
ing. Along with the progress more and more
test results either confirm or replace the
simulation data. Within the detail design
phase the final engine construction is
defined and the individual component
design is simulated with a focus on ser-
vice-life considerations. Full engine test-

Case AN T30 0-CombeResclion_Praghess Varisbie]-|
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e
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Conceplual design

1624 Single-stage turbocharged

J624 Two-stage turbocharged
released product

___ Simulation

sl

Single cylinder
engines

Final designed mult| cylinder test angine
and pilat engines at customens sites

@ Schematic view of the development methodology

ing, which serves to optimize systems and
components, forms the transition from the
development phase to validation. It is now,
that the engines have to demonstrate their
readiness for production on the test beds.
Finally, pilot customers together with the
development teams carry out the ultimately
decisive field testing. Only after this phase
a new product such as the new J624 gets
approval for serial production.

SUMMARY AND OUTLOOK

After many years of continuous improve-
ments, there is still potential for stationary
gas engines. An intelligent combination of
innovative technology blocks with two-stage
turbocharging at their very core makes it
possible to push previous limits even fur-
ther: Higher brake mean effective pres-
sures, higher levels of efficiency and wider
operating areas. However, only by simul-
taneously optimizing, charge exchange,
valve timing, combustion process and
control strategy, these potentials can be
utilized. The new J624 underpins this
with an electrical efficiency of 46.5 % at
4.4 MW power while meeting TA Luft
emission requirements in an impressive
way. This makes it the starting point of a
new generation of GE engines.

34

Within the near future this will facilitate
efficiency levels close to the 50 % thresh-
old with NO_emissions >200 mg/ Nm3
(5% O,-level) while maintaining the ro-
bustness and reliability which GE’s Jen-
bacher gas engines have been demonstrat-
ing for decades.
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INDUSTRY MEASURING TECHNIQUES

MEASURING METHOD FOR EXHAUST
GAS TURBOCHARGER WITH PULSATING
HOT GAS FLOW

The exhaust gas turbocharger is an effective device for reducing fuel consumption by shifting the operating
point to operating points of better efficiency. To provide the largest possible enthalpy to the turbocharger turbine,
exhaust systems are extremely compact. Thus, the turbocharger and the internal combustion engine have to be
optimally matched. Continental and the University of Applied Sciences Ravensburg-Weingarten present a new
method which measures turbocharger characteristics under engine-relevant operating conditions.
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MOTIVATION

Modern turbo engine development focuses
not only on fuel economy, but also on driv-
ability and response characteristics at the
lower end of the engine speed range. Apart
from test rig trials, simulation of the inter-
nal combustion process can deliver deci-
sive information on turbocharger suitabil-
ity for a specific engine. This requires pre-
cise knowledge of the turbocharger gas
flow characteristics. Decisive in particular
are the mass flow behavior and efficiency
as well as the rotating inertia.
Turbocharger characteristics are usually
measured and recorded according to the
“Turbocharger Gas Stand Test Code SAE
J1826”. Compressor and turbine power
are balanced so that the speed remains
constant. Due to the high exhaust gas
temperature heating the turbine volute and
causing convective heat flux, adiabatic tur-
bine conditions are not given. The effi-
ciency cannot therefore be determined by
downstream temperature measurement,
but only by establishing a power balance
with the compressor. From the compressor
power and the mass flow as well as expan-
sion ratio of the turbine, the efficiency can
be derived. The power balance implicitly
includes mechanical power, so that the tur-
bine efficiency as measured on the hot-gas
test facility also takes account of mechani-
cal losses. Due to power balance with the
compressor, measurement of the turbine
characteristics is limited to a small range.
This range is too restricted for turbocharger
selection and engine process simulation,
because the engine causes pressure pulses
on the exhaust side, and the turbine oper-
ating condition lies outside the statically
measured characteristics [1]. It is therefore
common practice for the engine process
simulation to extrapolate the characteristics

A
A

| Dynamic measurement |

| 88005 |

,l‘ A | An;0.0S |

U

[ 7/

|Stationary measurementl

measured under steady-stage conditions.
This is, however, extremely unsatisfactory
due to the errors caused by extrapolation.
Various methods were developed in the
past for extending the turbine characteris-
tics measuring range [2].

One of these methods is to increase the
mass flow through the compressor, to
which purpose the compressor is operated
in closed loop mode at higher density. This
increases the compressor power demand so
that a higher expansion ratio is required on
the turbine side and the measuring range
can be extended accordingly. A drawback
of this method is the difference in axial
thrust compared with pulsating on-engine
operation. This may cause a change in
mechanical efficiency and therefore in the
measured turbine efficiency. The overall
efficiency of the turbocharger within the
limiting conditions of the engine is decisive
for optimal turbocharger selection. The tur-
bocharger measurements should therefore
be taken under on-engine conditions. Meas-
urement of mass flow, pressure ratio and
temperature directly on the internal com-
bustion engine, however, is difficult and
time-consuming. Furthermore, the turbine
intake temperature cannot be freely
adjusted. With the method described here,
the turbocharger is operated on the test
stand using pulsating hot gas flow, so that
while not identical, the conditions are
much nearer to on-engine operation than
with the previously mentioned methods,
@. On the hot-gas test facility, the turbine
inflow temperature, pressure amplitude and
mean pressure ratio can moreover be
adjusted with special pulse generators.
Unsteady mass flow and temperature meas-
urements are also possible. This method
can therefore be used to complement tur-
bocharger characteristic measurements
made on the steady-state hot gas test stand.

@ Extended turbine maps using
pulsating hot gas flow
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Measuring plateau

p,, [Pal

CONCEPT AND SYSTEM

This method for extending turbocharger
maps determined by steady-state meas-
urement is based on creating turbine
expansion ratios and unsteady mass flows
similar to those in on-engine conditions.
In addition to the steady-state power
balance between turbocharger compres-
sor and turbine, the acceleration power is
also taken into account. By impacting the
turbine with pulsating hot gas, the
turbocharger can be operated in a similar
mode to the internal combustion engine.
During an exhaust pressure pulse, the
available exhaust gas enthalpy and thus
power P, at the turbine intake rises rap-
idly. Since the turbine rotor takes time to
come up to speed due to its inertia, the
turbocharger briefly runs under high-
pressure conditions. Afterwards the tur-
bine inflow pressure decreases and the
turbocharger speed falls. This procedure
repeats periodically and an average speed
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is established. @ shows the time profiles
of static pressure p,, at the turbine intake
and delayed response of turbocharger
speed n,, . By time-resolved analysis of
all the relevant parameters, the turbine
flow characteristics can be determined.
For time-resolved analysis of the turbo-
charger characteristics it is important to
take account of the filling and emptying
effects caused on all flow-conducting
components by impacting the turbine
with pulsating hot gas.

Pressure, temperature and mass flow
measurements are taken directly at the
inlet to the turbine intake. Due to the
finite speed of convection and sound, the
impact of mass flow and pressure on the
turbine rotor is delayed. Even taking
account of the resultant phase shift, the
instantaneous flow efficiency cannot be
determined. To this purpose it is neces-
sary to have stable conditions upstream
and downstream of the turbine rotor for a
short time. For dynamic analysis of the

e Measuring
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(2] High temporal resolution of static intake pressure
at the turbine intake and turbocharger speed

turbine, the turbocharger is impacted
with a defined pulsating flow. @ shows
one period of this defined flow character-
istic with quasi-stable measurement
plateau.

The pressure profile can be subdivided
into three zones. After a rising phase,
with sufficiently steep flank gradients, the
pressure stabilizes at a high level (quasi-
stable plateau) before falling again to an
expansion ratio of almost unity. @ shows
on the left the time-resolved and meas-
ured efficiency, Eq. 1, over the blade speed
ratio, Eq. 2.

P, (1
EQ. 1 Ny ®= P, . (t-¢)
u. .
= Eem
s
EQ. 2 Dy, "7 DTrein

D, | ket
Pos ® ) «o

\/2 "¢, 1 ()T, (1) [1[

© Instantaneous calculation of turbine flow
characteristics
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During the pressure pulse rising phase,
the flow passages from the measuring
plane to the turbine are filled. The tur-
bine flow at the measuring point, (®,
right), is therefore larger, and the turbine
efficiency seems correspondingly lower
since it is calculated from the mass flow.
The calculated efficiency follows the
curve at the bottom. Due to the almost
constant expansion ratio and turbine
flow, the efficiency then remains on a
quasi-stable plateau. During this phase
the flow passages are completely full, the
pressure and temperature readings
remain nearly constant, and the ef-
ficiency can be measured under almost
steady-state conditions. For a short time
the turbine efficiency remains constant
as a function of blade speed ratio, and
the readings taken on this measurement
plateau are dependable. When the tur-
bine intake pressure falls off, the flow
passages empty. The pressure at the
measuring point is therefore lower and
the blade speed ratio reduces. Since the
flow at the measuring point is compara-
tively too small, the calculated turbine
efficiency is too high.

To extend the measuring range, the
pressure amplitude, frequency and pulse
width are varied.

The turbine speed variations due to
the pressure pulsations also change the
compressor operating point. This change
of operating point is taken into account
by interpolation from steady-state meas-
urement of the compressor characteris-
tics based on instantaneous speed and
boost pressure measurements.

MTZ 0412011 Volume 72

O Schematic layout of
turbocharger instrumentation

TEST FACILITY ARRANGEMENT

To examine the characteristics of exhaust
gas turbochargers in engine-relevant oper-
ating conditions, the test facility must be
extended to generate a pulsating flow of
hot gas. A pulse generator and a pulse
damper are therefore installed between
the hot-gas combustion chamber and the
exhaust gas turbocharger. Due to the sen-
sitivity of hot-gas combustion chambers
to expansion ratio fluctuations, the pres-
sure waves reflected off the pulse genera-
tor are damped before reaching the com-
bustion chamber. Apart from damping the
reflected pressure waves, the pulse
damper also has a significant effect on the
pressure profile at the turbine intake. The
design and arrangement of the pulse gen-
erator, pulse damper and connecting pip-
ing determine the hot gas pressure and
flow characteristics. For dependable test
results, the pressure and flow characteris-
tics generated should be comparable with
those during engine operation. In particu-
lar the temperature, and hence the Mach
number at the turbine intake, influence
the mass flow and the efficiency. To
ensure consistently comparable flow con-
ditions between engine and test facility,
engine-like turbine intake temperatures
are therefore necessary. To investigate the
dynamic characteristics of turbochargers,
measuring techniques with high sampling
rates are used. @ shows the schematic
instrumentation layout.

Since adiabatic turbine conditions are
not given, due to the high exhaust gas
temperature, a balance is drawn between

compressor power and acceleration per-
formance as per Eq. 3.

EQ. 3 PT’ (t) = PV (t) + Pheschl (t)

In general, the turbine efficiency is derived
from the ratio of actual to isentropic tur-
bine power as per Eq. 1. With pulsating
inflow to the turbine, the former is derived
as per Eq. 4 from the sum of compressor
power and acceleration performance.

Pr= Ih'r(t) "G, 20Ty (0) -

b

EQ. 4

The change in compressor power, Eq. 5,
is determined by measuring the instanta-
neous compressor outflow pressure p,(t)
and speed n, (t).

__1 :
Pv_T]v_knrr my-C, y Ty

p02 Ky-1
((m]fv '1)

EQ. 5

Using these two measuring signals, compres-
sor power variations are interpolated in the
steady-state compressor characteristics.
The acceleration power P, is derived
from the moment of inertia of the turbine
rotor, the speed, and the change in speed,

Eq. 6.

2-T1
Pbeschl = 60 IATL RN (t)
.anm_(t)
ot

EQ. 6

The instantaneous isentropic turbine power
P_. is proportional to the turbine mass
flow, the turbine inflow temperature, and
a function of the turbine expansion ratio,
Eq. 1. The turbine expansion ratio is deter-
mined using water-cooled piezoresistive
absolute pressure transducers.

The time-resolved gas temperature is
measured by thermocouples. Due to their
transmission time characteristics, ther-
mocouples cannot measure the gas tem-
perature with high temporal resolution.
To measure the instantaneous gas temper-
ature, two thermocouples with different
time constants are therefore installed in the
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hot gas flow immediately adjacent to each
other. The time constant 1, Eq. 7, of a sen-
sor depends on its specific characteristics
and heat transfer coefficients.

aT,,
EQ. 7 TG_TW =T 7

Neglecting thermal conduction and radiation,
the ratio of the time constants of two ther-
mocouples can be taken as the ratio of their
sensor diameters and of the local Reynolds
and Nusselt number [3].

The time-resolved turbine flow is meas-
ured with an ISA-1932 nozzle immediately
downstream of the turbine intake.

All parameters are simultaneously re-
corded with high resolution and have to
be corrected with respect to each other for
transport time characteristics. Thermody-
namic measurements for determining the
isentropic turbine power are taken a few
millimeters upstream of the turbine spiral-
casing intake. The phase shift due to con-
vection and sonic speed is discussed in
numerous publications [4]. Neglecting
wave effects, the phase shift ¢ can be
taken as the ratio of the distance L (from
the measuring plane to 180° downstream
of the spiral casing tongue) and the local
flow velocity c_,, Eq. 8.
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The instantaneous turbine efficiency is
derived from the phase-corrected isentro-
pic turbine power, Eq. 1.

RESULTS

By varying the expansion ratio and pulse
form in pulsating flow, this new measuring
method enables turbocharger turbine anal-
ysis under engine-like conditions and over
a significantly wider measuring range. The
form of pulsating flow influences the tur-
bine behavior under quasi-steady operat-
ing conditions. Furthermore, the turbine
operating range can be varied by adjusting
the intake temperature. Due to changing
heat flows, the turbine inflow temperature
should lie within engine-relevant limits
while taking measurements. For dependa-
ble interpolations of turbine characteris-
tics, a sufficient number of measurements
must be taken along the respective speed
curves. @ compares steady-state measure-
ment with the extension of a typical effi-
ciency-speed curve. Also shown is the
efficiency curve for turbocharger operation
on a downsizing engine, numerically extra-
polated from steady-state measurements.
Combining the two concepts results in
high-resolution extension of the dynamic
characteristics.

The pulsating measurement of turbine
characteristics is therefore an effective way
of optimally adapting turbochargers to
improve the performance and efficiency of
internal combustion engines.

O Turbine operation within the extended efficiency
diagram
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INDUSTRY COMBUSTION

ENTHALPY-BASED APPROACH
TO QUANTIFYING AND PREVENTING
PRE-IGNITION

In spark-ignition engines, continuous downsizing increases the risk of pre-ignition phenomena.
IAV has developed a concept in which the specific enthalpy at top dead centre can be used as
an indicator for pre-ignition tendencies.

personal buildup for Force Motors Ltd.




AUTHORS

8

DIPL.-ING. MICHAEL GUNTHER

is Head of the Department
Thermodynamics Gasoline Engines
at IAV GmbH in Chemnitz
(Germany).

i

DR. RALF TROGER

is Development Engineer in the
Department Thermodynamics
Gasoline Engines at IAV GmbH in
Chemnitz (Germany).

DIPL.-ING. MATTHIAS KRATZSCH
is Senior Vice President
Development Gasoline Engines at
IAV GmbH in Berlin (Germany).

PROF. DR.-ING. STEFFEN ZWAHR

is Professor of Internal Combustion
Engines/Working Processes at the
West Saxon University of Applied
Sciences Zwickau (Germany).

MTZ 0412011 Volume 72

PRE-IGNITION COUNTERACTS
FUEL CONSUMPTION REDUCTION

Against the backdrop of tighter exhaust-
emission legislation and the demand for
better fuel economy, downsizing concepts
with high-pressure turbocharging and
unthrottled load control are and will con-
tinue to play a particularly important part.
They are capable of providing significant
potential for reducing fuel consumption of
spark-ignition engines. Yet higher boost
rates exacerbate the problems encoun-
tered in the context of knock and pre-igni-
tion. Engines with high mean pressures at
low engine speeds are particularly prone
to pre-ignition. In some cases, combustion
occurs well before the regular ignition
point, with the subsequent, very early
release of heat capable of producing
extremely high pressure amplitudes. To
avoid damaging the engine, the charging
rate must be limited. This, in turn, pre-
vents the consumption-cutting potential
of downsizing strategies from being
exploited to the full.

DEFINITION OF PRE-IGNITION

Pre-ignition can be distinguished very
easily from knock since it is the result of
combustion that is not initiated by the
spark plug. As clearly evident from @,
heat release causes pressure to rise before
the ignition point. Combustion can be ini-
tiated by ignition sources, such as glowing
soot particles or lubricant droplets [2],
and also in local mixture zones with a
high concentration of radicals (exothermic
reactors).

The premature initiation of combustion
causes high peak pressures and, as a
result of high combustion rates, extreme
pressure gradients. This is also accompa-
nied by high-frequency, strong pressure
peaks that can be compared with extreme
knock. Sequences that involve alternating
combustion cycles are particularly harm-
ful. Heat release of at least 1 % at the igni-
tion point has proven to be a good crite-
rion for providing a clear definition of pre-
ignition [2].

ENTHALPY-BASED APPROACH
TO PRE-IGNITION

Exceeding a critical energy level is one
possible mechanism for triggering prema-

ture combustion. This is governed by vari-
ous influencing variables that cannot be
manipulated individually on the engine
test bench. For example, adjusting ignition
timing while keeping mean pressure con-
stant also changes the fresh and residual-
gas mass as well as residual-gas tempera-
ture. A model-based approach provides
the capability of considering all individual
parameters separately. Enthalpy is an
appropriate variable for describing the
energy contained in the cylinder charge,
Eq. 1. During the gas exchange, energy
flows in and out in the form of enthalpy
with outgoing and incoming masses.
The first law of thermodynamics, Eq. 2,
describes the energy balance. This makes
it possible to quantify enthalpy inflow and
outflow caused by fresh cylinder charge,
residual gas or fuel vaporization or the
exchange of heat and work done. Evaluat-
ing the state at TDC provides a suitable
basis for map points with typical ignition
timings after TDC.

H=U+p V=
EQ. 1
¢, m-T+p- -V
deum - deall =
EQ. 2 du + pdV - Hfuel TF
delow - dHin i dHout

As absolute enthalpy is governed by
charge mass, and thus also by engine
size, specific variables are formed in rela-
tion to compression volume (energy den-
sity, Eq. 3). This global variable can be
used for separating changes in the states
of energy and analyzing them independ-
ently of the measurement program. The
enthalpy-based approach permits evalua-
tion of the influences individual para-
meters have on overall enthalpy in the
charge. This provides a basis for quantify-
ing the effectiveness of measures that
prevent pre-ignition.

H,.
EQ. 3 h: .= =Py h

TDC

At the same time, however, it is only pos-
sible to evaluate engine concepts or devel-
opment stages by comparing the mean
enthalpy prevailing in the cylinder with a
critical enthalpy occurring at the pre-igni-
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tion threshold. This means the function
parameters leading to the critical level of
enthalpy at the pre-ignition threshold can
be determined for different engines.
Generating a model capable of being cali-
brated accordingly permits objective
assessment of pre-ignition propensity.

In just the same way as the actual
charge energy level, the maximum per-
missible enthalpy itself is governed by
local states in the cylinder. It is assumed
that in line with local fluctuations in the
state of cylinder charge, individual zones
diverge from the mean mixture state and
sporadically reach a critical state sooner.
This means using mean variables demands
a sufficient interval between limit enthalpy
and actual overall charge enthalpy.

TOOLS FOR ANALYZING
PRE-IGNITION

Given the many individual contributors,
consideration must be given to all of the
processes involved in enthalpy changes.
An IAV simulation tool is used for com-
puting the entire engine process. Gas

exchange simulation delivers the masses
and enthalpies of fresh charge and resid-
ual gas. The effects of fuel vaporization
on charge temperature and cylinder charge

are computed using a vaporization model.

Technical work and heat balances are
also determined. The high-pressure
process and enthalpy changes resulting

from fuel vaporization, wall heat exchange,

blow-by losses and work delivered from
compression are computed starting from
“inlet closes”. Adding the individual
components produces the overall level
of energy at TDC.

LEVEL OF ENTHALPY
IN THE CYLINDER CHARGE

Parameters influencing charge enthalpy
were examined in comprehensive meas-
urements. In this context, the key varia-
bles were determined as being charge
temperature/charge mass, fuel mass/
injection (vaporization) timing and resid-
ual-gas mass/residual-gas temperature.
@ presents examples of the effects charge
temperature and mass have on enthalpy

and pre-ignition tendency. It shows the
increase in pre-ignition events classified
on the basis of p,_in comparison to the
value of specific enthalpy at TDC. It is
clear to see that both variables correlate
exceedingly well. Variations in injection
timing and residual-gas content also
showed close relationships, albeit with
less of an effect.

LIMIT ENTHALPY LEVEL

Limit enthalpy is defined as being the level
of charge at which pre-ignition events just
start to take place in the engine without
producing any harmful effect. Parameters
influencing the level of limit enthalpy are
for example air-fuel ratio, fuel properties
or lubrication oil content of the charge.
Extensive testing on different engine
concepts was also necessary for determin-
ing the limit enthalpy level. By way of
example, the following looks at the effects
of lambda and lubrication oil components
in the combustion air - mentioned above
in [3]. © shows the relationship between
pre-ignition frequency and lambda. The
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(1] Pre-ignition sequence
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(2] Pre-ignition sensitivity in relation to inlet temperature and mean pressure

enthalpy level was kept constant in test-
ing. Compensation for the higher level of
fuel vaporization enthalpy at lambda =
0.95 was made by increasing cylinder
charge, as can be seen by the different
mean pressure. It becomes clear that in
spite of enthalpy remaining virtually the
same on varying lambda, pre-ignition ten-
dency is significantly lower.

The piston-ring set was systematically
modified for each individual cylinder to
determine the influence of engine oil on

pre-ignition tendency, ®. A mass spec-
trometer was used for measuring the con-
centration of unburned lubrication oil in
the exhaust gas of the operating engine.
Investigations revealed a pre-ignition fre-
quency proportionate to oil emission.

SENSITIVITY OF INDIVIDUAL
ENTHALPIES

O compares the effect of individual vari-
ables. Proceeding from a basic operating

point, it separately varies several param-
eters. The effect of engine-based measures
on specific enthalpy was shown to be pre-
dominantly linear.

In this example, lowering charge-air
temperature by AT =15 K is capable of
increasing mean pressure by Apme =
0.6 bar without affecting enthalpy. Vary-
ing injection timing reflects the correlation
between charge temperature and the tim-
ing of vaporization in relation to BDC in
the enthalpy characteristic [5].

147 I I 220 150 1 - — - 26 30
| [ i ¥ -1 I Spec. enthalpie TOC LT Intake = 40 *C | |
g om - —ro ot omason (709 e | o Lamf
{ » 14.0 T S Pre-ignition frequency -
g 10+ 180 o 135 | - o 8
1 4 1 —
A BT i 160 § 4 1397 s A
4 E g 125 E 15
E [ . 140 3 = 120 . = E
4 120 3 115 e
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o . : B0 1001 Lo
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© Parameters influencing the limit enthalpy level
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(4] Sensitivity of selected enthalpy components hTﬂ
TOTAL ENTHALPY BALANCE from fuel is governed by the timing of tion of fuel mass in the cylinder directly
vaporization timing in relation to BDC increases the negative enthalpy compo-

@ shows an enthalpy balance for a

selected operating point. The largest
effect is produced by the enthalpy com-
ponents of compression work and fresh

air. Keeping fresh-air mass constant, Y i
fresh-air temperature can provide an 16
effective influencing lever. This, however, 15
produces demands on charge-air cooling. 14

The change in enthalpy produced by
compression work is, by nature, exten- 13
sively governed by the compression
ratio, demanding an adjusted mass of
fresh gas if mean pressure remains

unchanged.

Influencing the effective compression
ratio (IC to TDC), for example by retard-
ing inlet closure (Atkinson process), pro-

. Techn, work 1C-TDC

Techn, work 1010

] ! Wall heat 10-I1C

Contribution specific enthalpy [Mem®]
w
B*

»
duces effects that significantly reduce 5 ) Res. gas (g, late)
enthalpy. Enthalpy entrained is easy to
influence with residual-gas mass and/or & - _RES' 825 (0t = late) ) '
temperature. Scavenging concepts using 5
positive purge pressure have already 4 Air (increased temperature}
proven effective in mass-production con- I [
cepts. Although the contribution residual 3
gas makes to enthalpy is relatively small, 2 e Air (reference temperature)
a high share of free radicals - particu- l
larly in conjunction with retarded com- | Fuel
bustion - at the same time lowers the a ! '
critical entha}py level while boosting the qd q 1 T
effect the residual gas share has on pre- Early intake closure
ignition tendency [4]. Reduced enthalpy @ Enthalpy balance at the pre-ignition limit
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must be viewed in the light of controll-
able variables, such as wall temperature
and heat transfer resulting from charge
motion. Although the effect they have on
total enthalpy appears slight, they can
significantly contribute toward reducing
the pre-ignition tendency under specific
conditions.

ENTHALPY BALANCE FOR
DIFFERENT ENGINE CONCEPTS

In addition to the effect produced by the
concentration of lubrication oil in the
fresh charge, circumstances, such as the
shape of combustion chamber, charge
motion or degree of homogenization, are
also of significance. In the same way as
the knock limit is established, systematic
experimentation on the test bench can
provide the basis for determining the limit
for any specific engine. The enthalpy cri-
terion developed in this study provides
the basis for comparing and classifying
engines in relation to critical enthalpy at
the pre-ignition limit. @ shows the maxi-
mum levels of enthalpy at the pre-ignition
limit for different engines. The fresh air
enthalpy is seen to be comparable for en-
gines 1 to 3 at similar charge air tempera-
tures and mean pressures. Engine 1 differs
from engines 2 and 3 to the extent that
compression work is significantly reduced

MTZ 0412011 Volume 72

Engine 4 with increased ofl consumption

Engine

as a result of late inlet closure. Compari-
son also reveals the severe effect resulting
from high quantities of lubrication oil
entering combustion air (engine 4). Quan-
tifying the sources of energy entrained
permits classification of development
stages in relation to the relevance of indi-
vidual enthalpies.

SUMMARY

The above discourse describes a criterion
that can be used as the basis for evaluat-
ing an engine’s pre-ignition tendency. The
specific enthalpy at TDC emerged as a pa-
rameter that is well-suited for evaluating
the tendency to pre-ignition. Quantifying
individual components within the overall
enthalpy level delivers information about
the specific influence they have on energy
level. This provides the basis for compar-
ing development stages or engine con-
cepts on the basis of simple indication by
determining global states in the cylinder.
In particular, and depending on concept,
it is possible to use the variables of com-
bustion air temperature, mass and tem-
perature of the residual gas remaining in
the cylinder, timing of fuel vaporization in
relation to BDC as parameters that can be
influenced directly. When configuring tur-
bocharged spark-ignition engines, the
overall equation must include the varia-

4.0

dem®]

3.0

2.5

2.0

-

0.5

0.0

(6] Comparison of engine concepts

bles of charge motion, effective com-
pression ratio, cooling concept and effec-
tiveness of the charge air system. If the
engine concept’s critical enthalpy level is
known from measurements, it is only a
short step to inferring the development
stage reached.
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INDUSTRY BEARINGS

HIGH VOLUME SERIES
PRODUCTION OF BALL BEARING
TURBOCHARGERS

Ball bearing turbochargers have made their transition from motorsport to series
production automotive engineering. The development of a modular system enables
Honeywell to meet the different requirements of regional markets efficiently.
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TASK

Powertrain manufacturers throughout the
world are faced with the simultaneous
demands of improving performance and
reducing emissions and CO,. At the same
time, they are uniformly calling for com-
pact, high efficiency turbocharging sys-
tems that are both durable and affordable.

While there are many ways to achieve
this - and many trade-offs from seemingly
conflicting targets and competing technol-
ogies - perhaps the one common theme
that all researchers and developers agree
on is that improved efficiency is a good
thing, since it advances all technical tar-
gets simultaneously.

From a turbocharger perspective, one
area that has remained largely unchanged
for decades is the bearing sub-system.
However, recent developments in analyti-
cal techniques have opened up great po-
tential here and rotor dynamics can be
optimised analytically in a fraction of the
time needed previously, leaving the de-
veloper new freedom to concentrate on
the performance aspects of the design.

In 2010, Honeywell launched several
new hydrodynamic bearing systems. These
kinds of evolutionary development steps
will continue in the future. However, the
year also saw the bar raised to an entirely
new level with the release of three all-new
“low friction” ball bearing systems cover-
ing a wide range of Honeywell’s extensive
global portfolio. The systems set a new
performance benchmark for the future in
the high end passenger car, light duty and
heavy duty truck segments, @.

MARKET REQUIREMENTS

Previously an end in themselves, high spe-
cific torque and power ratings have now
reached a level that enable significant en-
gine down-speeding and downsizing from
eight to six cylinders, from six to four, from
four to three, and so on. These two strat-
egies are being implemented to achieve a
reduction in CO, and to ensure compliance
with present and future fuel efficiency and
emissions standards. In turbocharger terms,
this means higher and broader range effi-
ciency from each of the three major sub-
systems, the compressor, turbine stage and
bearings.

Designing for steady-state operation is
easy. Optimizing a package for vehicle ap-
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INDUSTRY BEARINGS

plications which are highly transient and
operate for significant periods at part
load, on the other hand, requires a deep
understanding both of varied operating
conditions and of the many system inter-
actions. It is at part load and low speed
“off the map” where bearing performance
becomes the key player in overall system
efficiency.

The turbocharger must fulfil its func-
tion to deliver air and help to provide a
predictable backpressure to drive EGR not
only in a new state but equally when the
turbocharger is operating across its full
performance spectrum over its entire life.
Successive emission standards have sim-
ultaneously reduced target levels and ex-
tended the period over which a vehicle
must remain compliant.

In order to meet these constantly increas-
ing requirements, Honeywell has contin-
ued its 2008 development of ball bearings
and recently unveiled several production
releases with three new sizes of bearing
to meet these specific challenges.

ADVANTAGES OF BALL BEARINGS

The advantages of ball bearings stem from

the fundamental change in the friction

mechanism present in the system. Multi-

ple rolling elements replace a thin oil film

in high shear, significantly reducing the

system friction, @. This results in

1 a 50 % improvement in system friction
at operating temperature and

: an 80 % improvement or more during
cold start.

When applied to a turbocharger, this

effect starts a virtuous upward spiral that

flows all the way from turbo to engine

O Ball bearing turbo-
charger

and on to the vehicle performance. Inde-
pendent testing commissioned at [AV
GmbH in 2007 and published jointly in
2008 showed that tangible benefits could
be demonstrated in engines > 2.2 1 under
EUS diesel conditions [1].

A 2.5 % reduction in NEDC fuel con-
sumption was achieved at ISO load, while
other studies showed that this would in-
crease to around a 4 % reduction in real
world conditions. At the same time, a
10 % increase in low end steady-state
torque and significant reductions in time-
to-boost were demonstrated in warm
conditions.

a 41 % reduction in time-to-boost at

1500 rpm

a 69 % reduction in time-to-boost at

1000 rpm

a 3 % reduction in time-to-boost at

2000 rpm.

This shows that the ball bearing effect
is most pronounced at low engine speeds
- just where a down-speeding or down-
sizing concept needs the most help from
the turbocharger system. The same study
showed that a different approach to fuel
economy could be taken and that an 8 %
reduction in NO_and a 9 % reduction in
HC emission across the NEDC cycle could
be demonstrated at ISO fuel consumption.

DESIGN

Since the debut in the motorsport arena in
the 1990s, Honeywell‘s ball bearing sys-
tems have become part of the generic “dou-
ble row angular contact ball bearings”
family, but over time they have evolved
into a single basic architecture, ©.
Analytical techniques such as handbook
calculations, industry standard codes and
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f E 25 25
s / =
§ Std bearing § 20 _ 201
5 2 Ball bearing Ball bearing
g g 15(¢ Fr 15 i
= = Std bearing \ Std bearing
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(2] Advantages of ball bearings
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© Modular ball bearing family

even bespoke supplier software have long
existed to specify ball bearing size and
durability appropriate for the multitude of
duty cycles required for modern passenger
car and commercial vehicle applications.
Honeywell also benefits from an extensive
field and test database developed by its
Aerospace business and from its 1990s
experience in motorsport and commercial
vehicle applications, which allows it to
calibrate classic bearing lifting theory in
line with the real world.

The design consists of two inner rings
made from heat-resistant bearing steel,
press fitted onto a precision shaft. In this
generation, the balls are now ceramic and
are separated and guided by coated steel
cages, while the outer ring is also made
from a bearing steel, @.

Each system runs with a small but pre-
cise axial clearance in all operating condi-
tions. This maximises performance and
durability.

The oil supply system is the key to the
system’s functionality and longevity. The
oil lubricates and cools multiple surfaces,
damps vibration through the outer
squeeze film and hence limits transmis-
sion to the surrounding structure and
subsequent noise in the vehicle. The
detailed design and balance of the oil
network from a single inlet accommo-
dates highly variable temperatures and
pressures. It is a complex system that has
been fully tested in all conditions.

The assembly process is critical and
contributes strongly to the balanceability
of the turbocharger.
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CURRENT APPLICATIONS

The 2010 launches not only span three
continents, three vehicle segments and
cover three bearing and turbo frame sizes.
They also meant that the technology had
to be taken from niche to large volume
production, ©.

The 3.0 1 V6 diesel application for a Euro-
pean car is an example of the true poten-
tial of ball bearing technology.

The engine is a V6 and is therefore most
suited to a single turbocharger application,
but it had to compete against two-stage
boosted engines, which meant that the pro-
ject team had very precise targets around
maximising low end performance. The
intrinsic low losses and good cold start of
the ball bearing contributed to the vehi-
cle’s launch dynamics and agility, as well
as to its improved fuel economy.

Launched in Dresden [2] and Aachen
[3] and at the Paris Motor Show in Octo-
ber 2010, the application’s performance
statistics of 620 Nm of torque and 195 kW
of power exceed those of the early two-
stage boosted equivalents.

OUTLOOK

The breadth of the 2010 applications
shows the performance, robustness and
maturity of the technology. The produc-
tion launches represent more than a ten-
fold increase in annual production vol-
umes, turning the niche technology into a
mainstream component of modern turbo-
charging systems. The next target is the

Squoate film land

0l jat Ceramic balls

Metallic
cage

'ﬁﬁMhurm“

O Ball bearing turbine

systematic introduction of this technology
for turbocharging four-cylinder engines.
The dream of more than one million ball
bearing turbochargers per year is now
closer than ever before.
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WASTE HEAT RECOVERY IN DRIVE
SYSTEMS OF TODAY AND TOMORROW

Efforts to achieve a further reduction in CO, emissions require further reductions in fuel con-
sumption. Closed steam cycles that make use of waste heat can contribute to this. On the basis
of series-production stationary systems for waste heat recovery, Voith has developed the first
mobile systems for rail vehicles, ships and commercial vehicles. They demonstrate the technical
feasibility and the potentials.
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O Fields of application for a waste heat recovery system
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INITIAL SITUATION

Internal combustion engines are the
dominating power source in a wide vari-
ety of applications. This applies to on-
road applications ranging from two-
wheel vehicles to cars and commercial
vehicles, or non-road applications from
hand-operated devices to inland vessels
and locomotives or major stationary
applications. The application areas and
fields are as diverse as the specific
requirements and regulations.

Despite the high level of engine develop-
ment, still only about 40 % of the energy
in the fuel is converted into torque at the
crankshaft. Most of the remaining energy
is dissipated unused as heat via exhaust
gases and through the cooling water.

An important approach towards further
increasing the system efficiency of drive
systems is to make technical use of this
waste heat. For this purpose, Voith Turbo
has developed waste heat recovery (WHR)
systems based on the Clausius-Rankine
cycle. By means of a closed steam cycle,
some of this waste energy is reconverted
into usable power and made available as
additional tractive output or for driving
auxiliary systems.

STEAMTRAC WHR SYSTEM

In order to be suitable for a broad applica-
tion spectrum, the development and design

of exhaust heat recovery systems must take
different operating conditions and load
profiles, as well as design and market
specific requirements, into consideration.
This applies not only to components such
as the expander, the feed pump, the con-
denser and the steam generator. Depend-
ing on the heat sources that can be utilised,
as well as the heat sinks available for dis-
sipating the condensation heat, it is also
necessary to select a suitable operating
medium and a relevant process. This means
that the selected design should result in
the highest possible savings and/or bene-
fits in the relevant operating cycles of the
target application, @.

A heat recovery system in stationary
biogas plants is, for example, very differ-
ent from cyclical applications. There are
also major differences between applica-
tions in diesel railcars or installations in
inland vessels or commercial vehicles.

The design of the basic system is illus-
trated in @. The operating medium is
directed into the operating cycle via a con-
trolled feed pump rated at 10 to 60 bar. In
a heat exchanger integrated into the exhaust
line, the heat in the exhaust gas is used to
warm up, evaporate and superheat the
operating medium. The superheated steam
is decompressed in an expander. This gen-
erates additional mechanical energy that
can be redirected to the driveline or used
as drive power, for example for auxiliary
systems. The expanded operating medium
is condensed in the condensing heat ex-
changer and then redirected to the operat-
ing medium tank in a closed cycle. The
condensing heat exchanger is integrated
into the cooling circuit of the drive system.

Via a specifically developed control
unit, the heat recovery system is control-
led and monitored in line with the avail-
able temperature and mass flows. Rele-
vant links to the engine, vehicle and sys-
tems control enable an interchange of
control systems and the integration into
the overall system.

Apart from selecting and developing a
suitable expander and appropriate operat-
ing media, other components such as the
evaporator, the fuel pump and the control
valves also had to be newly designed, pro-
duced and tested, as they are currently
not available from other sources.

It was then a question of adapting these
basic findings to the various fields of appli-
cation and the broad utilisation spectrum.
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INDUSTRY THERMAL MANAGEMENT
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Taking the wide variety of operating
conditions, load profiles, constructive and
market-specific requirements into consid-
eration, the further design and series de-
velopment of the respective heat recovery
systems differentiates between on-road
and non-road applications.

NON-ROAD DEVELOPMENT

The core component of the current Steam-
Trac system for non-road applications, @,
is a two-stroke piston expander with an
alternating flow principle, valve control
and integrated lubrication system. The
two-cylinder variation in serial design has

54
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(2] Operating principle of the
Voith SteamTrac system

an expansion volume of 800 cm? and is
designed for a speed range of 600 to
3500 rpm. At 370 °C and an operating
pressure of 60 bar it achieves a nominal
output of 40 KW.

The first series applications of the waste
heat recovery system can be found in
combined heat and power stations.

In the UK, plants for generating energy
from gas deposits have been in operation
for about six months; in Germany, the
first biogas applications entered service a
few months ago.

Depending on the application and the
existing engine technology, the feed-in
power can be increased by 6 to 11 %,

© Expander R2/800 for
NRMM applications —
examples: train, biogas plant,
tug boat, engine integration

while the fuel consumption remains the
same. Through cogeneration, the con-
densation heat can be utilised further.
The operating medium is clean tap water.

In the marine industry, a first prototype
application has already been projected,
simulated and built. The integration and
commissioning installation into the vessel
was scheduled for March 2011. Calcula-
tions and simulations have shown that,
depending on the operating loads, input
power increases of up to 10 % can be
expected, or, alternatively, a reduction in
fuel consumption and CO, reductions of
up to 6 %. Here, too, the first applications
run with clean tap water.

Due to their differing transient load pro-
files, rail applications were used as a design
and test basis right from the beginning of
the development. The first integration trials
in a diesel railcar drivetrain took place as
early as May 2009. After several validation
phases, two applications are currently inte-
grated in railcars. A complete Powerpack
with integrated SteamTrac system has been
installed, following conclusive tests in the
systems test field. A further system will be
integrated into an existing vehicle during
the course of a major overhaul. This project
is being sponsored by the German State of
Baden-Wiirttemberg as part of a public
transport innovation program.

Both systems are being thoroughly
tested in trial runs, followed by applica-
tions in everyday public transport opera-
tion. According to the latest measurements
of real-time transient operating profiles on
the test stand, fuel savings and CO, reduc-
tions in the range of 5 to 8 % can be ex-
pected. In order to comply with downsiz-
ing efforts, future applications can run
with a smaller diesel engine, as the
SteamTrac improves the vehicle perfor-
mance by up to 10 %. These applications
use an eco-friendly, water-based medium.

Apart from the aforementioned add-on
systems, future applications in rail systems
will also use engine-integrated solutions.

The basis of these developments is the
new Voith V8 diesel engine with a nomi-
nal output of 500 kW that has been
designed specifically for rail applications.

Through the application of two-stage
exhaust gas turbocharging with cooled
exhaust gas recirculation, the Voith V8
complies with the exhaust norm Stage IIIB.
The exhaust gas treatment is restricted to a
maintenance-free particle catalyser.
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By utilising waste heat via the Steam-
Trac system, which adds extra torque to
the crankshaft, fuel savings of 5 to 7 %
are currently achieved in the relevant C1-
cycle-point for railcars. As approximately
25 % of the weighting takes place in the
idling range, the total cyclical savings
amount to nearly 5.4 %.

Due to the weighting (60 % idling
speed), the overall cyclical advantage in
the locomotive-relevant F-cycle amounts
to about 2.8 %.

At present, the system is integrated into
the engine periphery. The purpose of this
exercise is to utilise waste heat and simul-
taneously reduce the output of the cooling
system. Additionally, the complexity of
downstream exhaust gas treatment systems
in non-road applications is constantly ris-
ing. It is therefore increasingly important
that any impact on these emission and
approval-relevant units is excluded.

Apart from the development of waste
heat recovery evaporators, the emphasis
also lies on a single-cylinder expander that
is adapted to the installation conditions
and directly mounted on a PTO of the die-
sel engine. The fuel and lube pump, the
control components and the condenser are
also adapted to the engine periphery.

First measurements on the test stand
with all relevant components showed an
output increase from the expander of
16.5 kW. At the same time, the load on
the low-temperature cycle is reduced by
48 %, i.e. the design of the LT cooling sys-
tem can be adapted to the smaller dimen-
sioned WHR aftercooler. The condensation
of the waste heat recovery system moves
into the high-temperature cycle, where the
design is less critical in relation to the
exterior temperature.

The values shown refer to the current
application of the diesel engine. The
engine-proof integration of the WHR
system allows a further criterion for the
emission and fuel behaviour. After the
completion of the component tests, the
overall applications for various rail
installations are carried out.

ON-ROAD DEVELOPMENT

Voith Turbo Verdichtersysteme GmbH &
Co. KG based in Zschopau is a company
of the Voith Turbo Market Division Road
and has been looking at on-road applica-
tions of the Voith Waste Heat Recovery
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Balances of exergy
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W Losses of ex. al condenser

36%

0.2%

63.1 %

Power flows
[ Power at collant
W Mech. power at expander minus pump
[] Mech, power at diesel engine
[ Power at exhaust

W Power at condenser

@ Distribution of the main power flows in a diesel
engine with exhaust gas exergy utilisation

(WHR) system since 2009. Here, too, the
basic principle is the Clausius-Rankine
steam process. The immediate goal and
the first development stage is the devel-
opment of a fully functioning system that
takes the truck environment into account.
Moreover, it is intended to prove that
such a system is technically and econom-
ically viable.

Conditions for commercial vehicle
applications such as:

: the lowest possible impact on payload,
i.e. the system’s mass should definitely
be less than 150 kg
cost amortisation for the truck users
within one to two years
integration into the existing vehicle
installation space possible

: use of the front surface for heat
removal, possible with modified cool-
ing system of the vehicle.

O Utilisation of exhaust gas
exergy

The latter is less relevant if the focus is
mainly on long-distance trucks. Unlike rail
vehicles with their strong fluctuations
(starting - coasting), long-distance trucks
level out on a so-called 80 kW operating
point with low fluctuations. The reason
for this is the higher rolling and air resist-
ance of commercial vehicles. Although
there are manufacturer-related engine dif-
ferences, one can still assume an exhaust
mass flow of approximately 720 kg/h at
about 600 K (327 °C), which results in a
heat output into the environment of
approximately 60 kW. To simplify matters,
the values under review are the average
values of the exhaust and the WHR mass
flow. The temperature levels of other heat
sources are too low.

If one directs this heat output to a heat
process downstream from the combus-
tion engine, the exergy of this heat out-

55

personal buildup for Force Motors Ltd.



INDUSTRY THERMAL MANAGEMENT

0 Expander for on-road applications on a stationary test stand and integration into a rolling test stand

put can, to some degree, be converted
into mechanical power. The exergy at an
ambient temperature of approximately
300 K (27 °C) is still about 18.5 kW. This
results in a maximum thermal efficiency
of just under 31 % in terms of exhaust
heat output. @ illustrates the situation.
The example uses a simple Seiliger pro-
cess (without a turbocharger), which
should be sufficient with a view to the
exhaust gas exergy balance.

On the left hand side, one can see the
theoretically usable exergy as a triangu-
lar shape. These exergy characteristics
with a continuously rising temperature
when heat is added, but a constant tem-
perature when heat is dissipated, are
only offered by the classic steam power
process, consisting of a feed pump, evap-
orator, expander and condenser with a
fluid that provides trans-critical heat sup-
ply and sub-critical heat dissipation at
proportionally low pump outputs. Such
fluids have a critical temperature of
approximately 200 °C and are compara-
bly light molecules. @ (centre) therefore
shows an optimised steam power process
using ethanol as fluid. Apart from its
thermodynamic properties, ethanol is
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a piston machine, which allows expansion
efficiencies of more than 65 %.

This specific Voith WHR system for
trucks is currently being tested on station-
ary and rolling test stands, @.

The core piece is an 800 cm® two-stroke
expander with integrated pumps for lube
oil and operating medium (including a
thermostatic bypass valve).

SUMMARY

Compliance with future standards regard-
ing CO, reduction is only possible with
higher fuel efficiency. On the basis of a
steam cycle process in which waste heat
is utilised, fuel savings of at least 6 % can
be achieved.

With the Voith WHR systems, the first
waste heat recovery systems are already
in series operation. Early applications in
rail vehicles, vessels and trucks demon-
strate the broad technical feasibility of
waste heat recovery systems.

Relevant applications of the complete
‘engine-waste heat recovery unit’ system
and the integration of a waste heat recov-
ery system into the engine periphery offer
the most viable potential in terms of fuel
optimisation and reduction of emissions.
It is therefore unlikely that future engine-
driven systems can operate efficiently
without a waste heat recovery system.

also preferred because of its anti-freeze
qualities, as well as for ecological rea-
sons and due to its wide availability. The
illustration on the right also shows that
the highest exergy losses occur because
of the relatively high temperature differ-
ence during the heat dissipation in the
condenser. Additional exergy losses take
place mainly in the evaporator and dur-
ing expansion, so that the utilisation of
ethanol results in a performance increase
and fuel savings of at least 6 %, ©.

Apart from the problem of finding a
suitable connection for feeding the
mechanical power of the expander at the
diesel engine (if possible before the cou-
pling), it is necessary to dissipate an
additional 60 % or so of the exhaust gas
output to the environment via a heat ex-
changer. The temperature of the exhaust
gas should be lower than that of the usual
cooling water temperature of approximately
95 °C. If it is not possible for this to be
done via the front surface, there is also
the option of installing an additional air-
cooled condenser with an exhaust steam-
driven fan.

In this varying output and pressure
range, the expander has been designed as
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PEER REVIEW RESEARCH

Scientific articles of universities in ATZ Au-
tomobiltechnische Zeitschrift and MTZ Mo-
tortechnische Zeitschrift are subject to a
proofing method, the so-called peer review
process. Articles accepted by the editors are
reviewed by experts from research and in-
dustry before publication. For the reader,
the peer review process further enhances
the quality of the magazines' content on a
national and international level. For authors
in the institutes, it provides a scientifically
recognised publication platform.

In the ATZ | MTZ Peer Review Process,
once the editors has received an article, it
is reviewed by two experts from the Adviso-
ry Board. If these experts do not reach a
unanimous agreement, a member of the
Steering Committee acts as an arbitrator.
Following the experts’ recommended correc-
tions and subsequent editing by the author,
the article is accepted.

In 2008, the peer review process utilized
by ATZ and MTZ was presented by the WKM
(Wissenschaftliche Gesellschaft flr Kraft-
fahrzeug- und Motorentechnik e. V. / German
Professional Association for Automotive and
Motor Engineering) to the DFG (Deutsche
Forschungsgemeinschaft / German Research
Foundation) for official recognition.
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LIFETIME PREDICTION OF
COMPRESSOR WHEELS

Further engine optimisation will in the future result in even higher require-
ments being placed on the material of compressor wheels in exhaust gas
turbochargers. To address this issue, a computer model has been devel-
oped within the framework of the FVV research project No. 897 “Enhanced
methods for the lifetime calculation of exhaust gas turbocharger radial
compressor wheels made of high temperature resistant aluminium alloys”
at the Fraunhofer Institute for Mechanics of Materials (IWM) and the
Karlsruhe Institute of Technology (KIT) that enables material fatigue in
the compressor wheel material to be predicted.
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INCREASING MATERIAL REQUIREMENTS

EXPERIMENTAL PROGRAM FOR THE MATERIAL CHARACTERIZATION
MODEL FOR CYCLIC PLASTICITY

MODELING OF LIFETIME

APPLICATION TO A COMPONENT TEST

CONCLUSIONS
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1 INCREASING MATERIAL REQUIREMENTS

The high temperature resistant aluminum alloy of the type 2618
is currently used as standard material for turbo-chargers in engines
of passenger cars, trucks and large ships. Since future demands
go along with higher circumferential velocities and compressor
temperatures, the material will be exposed to higher loadings.
Thus, simulation tools are needed, which help to optimize the com-
ponent during the initial design stage with regard to lifetime and
material usage. The development of such simulation tools was the
objective of the FVV-research project “Improved methods for life-
time prediction of high temperature aluminum alloy compressor
wheels for turbochargers” [11. To this end the material properties
were determined in an experimental part of the project. The theo-
retical part contained the development of suitable plasticity and
lifetime models, which were fitted to the experimental data. All
models were implemented in commercial finite element programs
and applied to a component test.

2 EXPERIMENTAL PROGRAM FOR THE
MATERIAL CHARACTERIZATION

As a basis for the numerical lifetime prediction under operation
loading conditions a sound database of experimental data was gen-
erated. This data comprises deformation and damage related da-
ta. To this end hot tensile and compressive tests, short term relaxa-
tion tests, creep tests, isothermal and nonisothermal low cycle
fatigue (LCF) tests as well as tests with changing maximum loads
and deformation velocities were conducted at service-relevant tem-
peratures. The isothermal LCF life was studied on smooth and
notched specimens. An important contribution was the investiga-
tion of the damage evolution on polished specimens in interrupt-
ed LCF experiments. The data and material parameters were iden-
tified in the temperature range from 20 °C to 180 °C. For the ob-
served features the interaction of cyclic loading and temperature
dependent material behavior is of importance. The LCF life in-
creases for a given strain amplitude with increasing temperature
from room temperature to 150 °C. This can be ascribed to decreas-
ing stresses, especially decreasing maximum stresses, which are
primarily responsible for the fatigue damage. The effect is on one
hand related to the decreasing Youngs modulus. On the other hand
the decreasing strain hardening for bigger amplitudes leads to low-
er stresses. The maximum life is at about 150 °C. Further increase
of the temperature leads to a small decrease in LCF life, although
the cycling limit of 100,000 cycles was reached with a strain am-
plitude of 0.3 % at 180 °C. From 150 °C onward, especially at low
and medium strain amplitudes, cyclic softening can be observed.
Subsequently the damage evolution was studied in detail at two
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typical service temperatures (T = 80 °C and T = 180 °C) on pol-
ished specimens using scanning electron microscopy.

The study of the fatigue damage evolution confirms the different
crack initiation behaviors for the investigated temperatures. At
80 °C crack initiation was exclusively observed on grain boundaries.
The areas close to grain boundaries experienced heavy plastic de-
formations. The first micro cracks were observed there. This might
be attributed to poor precipitation hardening in these areas [2].
These areas can be deformed plastically more easily but the cyclic
durability is much weaker. This makes the grain boundaries the week
links of the microstructure. During the crack growth phase the weak
grain boundaries dominate, on the surface as well as inside the
specimen. The final failure of the specimen at room temperature is
a brittle fracture. The fracture surface shows a semi-circular crack
(fatigue crack) with isolated grains lying open. At 180 °C the areas
close to the grain boundaries are also heavily plasticized. Addition-
ally pronounced slip bands can be observed inside the grains, which
is attributed to the softening of the material with the higher tempera-
ture. The micro cracks appear on grain boundaries as well as on slip
bands inside grains. The intergranular cracks grow faster than the
transgranular cracks. Therefore mostly intergranular crack growth is
observed at 180 °C. With an increasing number of cycles to failure
the fraction of transgranular cracks increases but the intergranular
cracks still dominate. @ shows the observed surface crack length
over the cycles to failure for 80 °C and 180 °C. The crack initiation
phase takes about one third of the total fatigue life at 180 °C. At
80 °C the initiation phase can take up to 80 %. The subsequent sta-
ble crack growth at 180 °C is significantly slower than at 80 °C. Ap-
parently the bigger ductility of the material at 180 °C leads to ear-
lier crack initiation but subsequently to slower crack growth because
of the higher amount of plasticization at the crack tip.

3 MODEL FOR CYCLIC PLASTICITY

In order to describe the deformation phenomena in a compressor
wheel, a time and temperature dependent plasticity model accord-
ing to Chaboche [3] and Jiang [4] was implemented, which allows
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to account for strain rate, relaxation and ratchetting effects. In the
following the model equations are presented. The stresses are com-
puted from

JC. . .
Mer s T

= n _ oth _ gup
EQ. 1 @ Cijkl(&‘kl el - en)+ T “kimnOmn

where CW is the forth-order elasticity tensor and T is the tempera-
ture. The thermal strain rate is calculated with the differential ex-
pansion coefficient o

EQ. 2 £l =T 5,

Su is the second order unity tensor. For the viscoplastic strain rate
a power-law relationship is used:
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B, = 0’a is the effective stress, where ¢’ is the deviatoric part
of the stress tensor and ¢, denotes the backstress tensor. 3, is the
von Mises equivalent stress. Two backstresses are used, whose
evolution equations are given in the following:

309 = CK) gvp — w0 K ) 1y gk) — R o)
0 =CW g -y WH ¢V pold) - RVl +

(k) .
L2 L T, k = 1,2

EQ. 4

The function W® accounts for ratchetting effects:
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The function ¢ is introduced to model cyclic hardening and softening:
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The model contains the following temperature dependent material
parameters:
E and of" describing the thermoelastic properties of the material
K and n describing the viscous properties of the material
: o, CW y®, RW o _® o®and x®, describing the plastic and
hardening properties of the material.
In order to efficiently determine the model parameters, cyclic tests
with a complex strain history were performed. They comprise two
different strain amplitudes (0.5 and 0.7 %), different strain rates
(10°-10%/s) as well as dwell times in tension and compression.
@ shows the complex strain history. @ shows the stress response
of the material (symbols) and the model adjustment (lines) as a
function of time for 80 °C, 150 °C and 180 °C. The correspond-
ing stress-strain hysteresis loops are shown in @.
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The plasticity model is capable of describing the time depend-
ent and cyclic plasticity of the material over a wide loading range.
In the course of the research project, single tests on aged speci-
mens were performed. The mechanical properties strongly differ
from the original heat treated T6 state. Thus, long term tests at
high temperatures cannot be described by the model due to the
change of microstructure, which is not accounted for in the mod-
el. To incorporate microstructural changes in a mechanical model
will be the subject of future works.

4 MODELING OF LIFETIME

The lifetime model has its origin in a physical model, which is
based on the growth of small fatigue cracks. It is assumed that the
fatigue crack growth increment per cycle da/dN is proportional to
the cyclic crack-tip opening displacement ACTOD:

d
EQ. 7 ax = BACTOD

Using elastic-plastic fracture mechanics ACTOD can be computed
as follows:

€8 ACTOD=d,22a
o

Here a denotes the crack length, G, is the cyclic yield stress and
d, is a function of the macroscopic hardening behavior. For pow-
er-law hardening materials, which follow a Ramberg-Osgood type
law, d, is given by the singular crack-tip fields according to
Hutchinson, Rice and Rosengren [5-7]. The damage parameter
according to Heitmann Z [8] is valid for small semicircular sur-
face cracks and a Poisson’s ratio of 0.3 and proportional load-
ings:

AciAg

e, pl

AcNT+3N

Aafw
EQ. 9 Z,=1,45 E’ +2,4

Ac and Ae | are the stress and plastic strain range, respectively.
The indices | and e refer to the maximal principal and equivalent
stresses and strains, respectively. Young's modulus is denoted by
E and N is the hardening exponent according to Ramberg-Osgood.
Z.a is an approximation for the effective cyclic J-integral AJ.
Crack closure, which is important for fatigue crack growth, is ac-
counted for by the use of an effective stress range Ac,. E. g. Ao,
can be computed by the crack closure formula according to New-
man [9], which has proved its validity for aluminium alloys. Be-
side the load ratio R the crack closure formula according to New-
man also accounts for maximum stress effects. The model predicts
an increasing amount of damage with higher load ratios and max-
imum stresses.

In order to receive an expression for the lifetime, it is assumed
that the crack growth phase dominates the lifetime. Integration of
Eq. 7 from an initial crack length to a technical crack length at
failure leads to the following functional expression:
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Z \B
EQ. 10 NA=A(dNO__D)
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Here A and B are adjustable parameters. For the computation of
the part in brackets of Eq. 10, E, N and o, are taken from a sta-
bilized hysteresis loops at midlife.

The fracture mechanics parameter d,Z /o is correlated with the
experimental lifetimes in @. The model parameters A and B were
fitted by a least square fit. The model line corresponds to a medi-
um probability of failure. The fracture mechanics parameter in com-
bination with the crack closure formula according to Newman is able
to describe the lifetimes very well. Altogether only eight out of 78
LCF-tests fall out of a scatterband of factor two (dashed lines).

5 APPLICATION TO A COMPONENT TEST

The plasticity and lifetime model were implemented into the com-
mercial finite element programs Abaqus and Ansys using the func-
tion interface Umat and Usermat, respectively. The finite element
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(6] Geometry of the component for the centrifuging test (all numbers in mm)
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@ Calculated lifetime distribution of the model (the colour code indicates shorter
(red) and longer (blue) life of the component)

software was used to simulate a component like specimen. The
geometry is shown in @. The specimen was tested by the working
group member Voith Turbo Aufladungssysteme GmbH & Co. KG in
a centrifuging test.

The lifetime was calculated by the Abaqus implementation. To
this end, a pretension was applied to the component in a first step
to fix it on the shaft. In a second step, three load cycles were cal-
culated and the final cycle was used for the lifetime calculation.
The cycle time was chosen to be 40 s according to the centrifug-
ing test. The minimum and maximum rotational velocities were
10,000 and 200,000 rpm, respectively. The distribution of the
calculated lifetime is shown @. Areas with a short lifetime are red.
The element with the minimum lifetime (6250 cycles) determined
the lifetime of the whole component. It is assumed that the 1 mm
crack length criterion of the model predicts the life of the compo-
nent, because of fast crack growth thereafter. The centrifuging test
ended after 5550 cycles with fracture of the specimen. An over-
view picture of fractured specimen is illustrated in @.

[
(8] Specimen tested at Voith Turbo (T = 50 °C, N, = 5550 cycles)
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6 CONCLUSIONS

The finite element implementations of the models are available
to predict a component life with acceptable computational time.
For the component like specimen the visco-plastic model took
about six times the computation time of a purely elastic compu-
tation.

The models developed within this project predicted 6250 cy-
cles to failure. This is in very good agreement with the experimen-
tal findings. The assessment of the specimen test was success-
ful. It has to be noted that uniaxial tests with comparable condi-
tions (temperature, R-ratio, cycles to failure) had an average scat-
ter of factor 1.2 with single occurrences up to a factor of 1.65.
The authors have no information about scatter of comparable com-
ponent tests.

The very successful work of the FVV working group will be con-
tinued in a continuation-project focusing on over-ageing of ma-
terial during service.
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CALIBRATION OF SOLENOID INJECTORS
FOR GASOLINE DIRECT INJECTION USING
THE KNOCK SENSOR

Precise fuel metering is essential for lower exhaust emissions and increased fuel
economy of modern combustion engines. This calls for compensating manufacturing
dispersions of fuel injectors as well as maintaining a stable operating behavior dur-
ing their entire lifetime. To meet this challenge, a method for calibrating solenoid
injectors of gasoline direct injection engines has been developed at the Karlsruhe
Institute of Technology (KIT).
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ALGORITHM FOR INJECTOR CALIBRATION
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SYNOPSIS

1 INTRODUCTION

Due to manufacturing and component tolerances, the performance
of different solenoid injectors for gasoline direct injection (GDI)
systems varies. Assembly and wear lead to further deviations from
the desired injection duration, i. e. opening duration T, of the fu-
el injector, and thus to imprecise fuel dosage. These discrepan-
cies can be met by adapting the supply control duration T.. At a
constant fuel pressure p, the injection process can be character-
ized by the injector’s opening duration T . Therefore, the method
in [1] is based on retrieving the relation between the injection du-
ration and the supply control duration. The ensemble of all pairs
(T, T) yields a characteristic curve, describing the operating be-
havior of each individual injector. Correction values for the control
duration in a specific operating point can be deduced from this
characteristic. According to [1], the injection duration can be de-
termined by specifically positioning an acceleration sensor at the
injection valve. In order to avoid higher costs and modifications,
neither of the injector nor the cylinder head, the method proposed
in this article is aimed at utilizing the standard knock sensor. The
strategy is outlined in @. The algorithm evaluates the structure
borne sound emitted by the fuel injector onto the engine block for
determining the begin and the end of injection.

MTZ 0412011 Volume 72

2 THE SOLENOID INJECTOR

Gaining an insight into the injection process is a prerequisite for
analyzing the knock sensor signal. @ shows a schematic cross-cut
of a solenoid controlled injector [2]. The injector basically consists
of a pintle and a solenoid, which is powered by the current I(t).
The current is activated at the start of injection (SOI). The pintle
is lifted after a certain delay of magnetization and the injection

@ Cross-cut of a solenoid controlled injector
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O Measured pintle lift as reference and corresponding
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begins (BOI). If the energization is long enough, the anchor hits
the solenoid’s core (EPL). On deactivating the current, the mag-
netic field drops and the pintle shuts the nozzle, ending the injec-
tion (EQOI). The injection process mainly depends on the supply
control duration T, the fuel pressure and the ambient tempera-
ture.

As mentioned before, the production process entails dispersions in
the accuracy of different fuel injectors. Due to wear, these disper-
sions are aggravated during the operation time. The resulting varia-
tions in the injected fuel mass can mainly be ascribed to deviations
in certain components. Some of these directly influence the injec-
tion duration, such as specific values of the solenoid system, the
length of the pintle lift, the spring constant and properties of the
anchor. Variations in the nozzle's diameter [3] and fuel pressure
pulsations [4] lead to further uncertainties in fuel metering.

3 ANALYSIS OF THE KNOCK SENSOR SIGNAL

During the injection process the cylinder head is excited, which
leads to structure borne sound emissions on the cylinder head and
the engine block. An analysis of the knock sensor signal is per-
formed to find out if the BOI and the EOI can be determined. For
this purpose, an adaptive quadratic time-frequency representation
is employed, because linear methods, such as the short-time Fou-
rier transform (STFT) and the wavelet transform [5], are unsuit-
able due to the uncertainty principle. A representation based on
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the Wigner-Ville distribution is applied according to Eq. 1 [6],
whereas the tuning parameter o is optimized w. r. t. the signal un-
der consideration. This allows assigning the observed frequencies
to different events of the injection process.

In the following, measurements of the structure borne sound on
the cylinder head are examined and compared to simultaneously
recorded laser vibrometer measurements of the pintle lift [7] in
order to get an accurate reference for the BOI and the EOI. The
resulting findings are the basis for the investigation of the knock
sensor signal on the engine block. Subsequently, the knock sen-
sor signals are evaluated with the engine running in combustion.

oo oo —_—
a1 W of)=] | 2o x [0+ ) xofud) evdude

3.1 KNOCK SENSOR ON CYLINDER HEAD

First, the knock sensor is mounted on the cylinder head in the vi-
cinity of the injector. The reference measurements h(t) and the
knock sensor signal x(t) are each shown in @ for two different T.
In case of T, = 0.27 ms, the anchor does not hit the solenoid’s
core. The begin of injection can be determined directly out of the
signal amplitude x(t). The end of injection, however, is super-
imposed by structure borne sound waves of preceding events.
Hence, its detection is not trivial in the time domain signal. For
this reason, the presented time-frequency method is applied. The

respective time-frequency representations W, (t,f) and W_(t,f) are

personal buildup for Force Motors Ltd.



depicted in ® as well, whereas high signal energies are encoded
in red color and low energies in blue color. By means of these rep-
resentations, the excited frequencies can be related to the occurr-
ing events. It stands out that the pintle oscillates at the end of in-
jection with frequencies around f=f,.These frequencies are also
present when the anchor hits the core, which can be seen between
0.4 ms and 0.6 ms after the SOI for T,=0.7 ms. The oscillations
are transmitted via the injector body to the cylinder head where
they are captured by the knock sensor. Furthermore, the knock
sensor signal contains a second dominant frequency f=f,, a sen-
sor resonance, which is excited at the end of injection as well as
the anchor impact. The end of injection can be determined exact-
ly, as can be seen in the figure. If the time span between the an-
chor impact and the end of injection is very short, superimposed
structure borne sound waves hamper the detection. At a system
pressure of p=10 MPa, this occurs for T,=0.3...0.5 ms.

3.2 KNOCK SENSOR ON ENGINE BLOCK

According to the above considerations, the injection duration can
be determined using a knock sensor on the cylinder head. In the
next experiment, the knock sensor is mounted on the specified po-
sition on the engine block (type Volkswagen EA111). The same in-
jector as in Section 3.1 is used. The knock sensor signals record-
ed in this setup are displayed in ® as well. The propagation delay
of the structure borne sound is estimated and compensated ac-
cordingly. Compared to x(t), the signal amplitude y(t) is damped.
Nevertheless, the begin of injection is clearly visible. The time-fre-
quency analysis of the measurements on the engine block yields
similar results to the previous examinations. The dominating fre-
quencies f, and f, can be observed at the corresponding time in-
stants. Thus, detecting the end of injection can be achieved.

3.3 KNOCK SENSOR SIGNALS DURING ENGINE RUN
When the engine is running in combustion, besides the fuel injec-
tion, events such as the clicking of the intake and exhaust valves
take place. Those cause structure borne sound emissions, which
are also contained in the knock sensor signal. @ shows the signals
of the two standard knock sensors of a four cylinder GDI engine of
type GM L850 running in combustion. Laser vibrometer reference
measurements are not available in this case. Knock sensor A, lo-
cated between cylinders 1 and 2, mainly records the injections of
injector 1 and 2. Respectively, knock sensor B, which is mounted
between cylinders 3 and 4, captures the corresponding fuel injec-
tions. These two signals are measured for 50 engine cycles de-
pending on the crank angle. In each cycle, one main (M) and one
post injection (PI) per cylinder is carried out. The control duration
of the post injection is chosen according to the operating point of
the injector calibration.

In spite of background noise, a detailed consideration of the post
injection (SOl at -235° CA) reveals a highly systematic behavior.
The disturbances can be modeled as additive white Gaussian noise
and attenuated by calculating the mean of all measurements. As
previously, the characteristic frequency f,, which is excited by the
bouncing of the pintle, can be observed in the time-frequency do-
main. Besides the fuel injection, the clicking of the inlet and ex-
haust valves causes transients in the sensor signals. Their analy-
sis shows, however, that these events do not exhibit a systematic
behavior.

4 ALGORITHM FOR INJECTOR CALIBRATION

The injection duration can be estimated by evaluating the meas-
ured knock sensor signals in the time-frequency plane. However,

Control current

O Knock sensor signals during engine run
(GM L850) for n_ = 1000 rpm, p =10 MPa,
MI: T=1.1 ms, Pl: T,=0.29 ms, ignition in
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Fuel injections: m= 1, 2, ..., M
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(5) Algorithm for estimating the actual duration of injection

the computational cost of this approach is very high, limiting its
practical use for implementation on an ECU. Hence, the proposed
method is based on simple signal processing in time domain. @
outlines the developed algorithm. To obtain the injection duration,
knock sensor signals are recorded for several injections at a con-
stant fuel pressure. The SOl is chosen in a way that no other noise
sources, such as the intake valves, are active during the injection.
For noise reduction, the mean values y(T, t) and y(T,+ AT, t) of
the measured signals are calculated after dealing with outliers.
Subsequently, based on this data, the estimation of the actual in-
jection duration is performed.

4.1 BEGIN OF INJECTION

The BOI can be detected by thresholding the knock sensor signal
y(T, t) since it causes a sudden rise in energy. A simple and ro-
bust method for acoustic emissions analysis [8] is adapted to the
task at hand. The signal y(T, t) is split into two segments by means
of the Akaike Information Criterion (AIC) [9]. The time instant of
optimal segmentation corresponds to the BOI and is calculated by
minimizing Eq. 2 [10], in which w(t) is a windowing function and
Ta time index in the interval [t_,t ], ©.

soi’

AIC(y(t)) =t-log[var(y(t) -w(t))] +
(tt) -loglvar(y(t) - (1-w(v)))], w(z) = {

Q2 Ifirt, <t<t

Ofiirt <t <t,

4.2 END OF INJECTION

Section 3 revealed that decaying structure borne sound waves of
earlier events interfere with the end of injection, impeding its de-
tection in the signal y(T, t). To tackle this problem, it is compared
to a second measurement y(T,+ AT, t) corresponding to a longer
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O Determination of the begin of injection (BOI) for 7, =0.27 ms (left) and
T.=0.7 ms (right) at p= 10 MPa

control duration T, + AT, The strategy is explained pictorially in @:
The currents I(T, t) and I(T,+ AT, t) are uniform in the time in-
terval [t,,, t,,, + TJ, leading to identical pintle lifts and thus simi-
lar structure borne sound emissions. The curves of the two knock
sensor signals are equal until a certain point in time, as the lower
part of @ shows. Only the pintle’s impact onto the nozzle, which
occurs at different time instants, causes the curves to diverge. This

event constitutes the EOI. The practical realization of this approach

Control current

1] |
T
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Q Approach for estimating the end of injection (EQI)
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© Determination of the end of injection (EOI) for T, = 0.27 ms (left) and T, = 0.7 ms
(right) at p = 10 MPa

uses the difference between y(T, t) and y(T,+ AT, t). The choice
of AT, mainly depends on the slope of the injector’s characteristic
curve at the considered operating point. With the help of the dif-
ference signal Ay(T, t), the end of injection can finally be detect-
ed by means of the AIC analogously to the begin of injection, @.

4.3 RESULTS

An assessment of the algorithm is performed by comparing the es-
timated injection duration T, to the laser vibrometer reference
T, .- At a fuel pressure of p=10 MPa, the control duration is in-
creased in steps of 5 ps from T,=0.25 ms up to T,= 1 ms. In each
operating point, T, is estimated out of five measurements. The

resulting characteristic curve is depicted in @ along with the ref-

erence. In the ballistic mode, the algorithm determines the injec-
tion durations with a maximum relative error of 5%. As laid out in
Section 3.1., the detection of the EOI is strongly impaired for
T,=0.3...0.5 ms due to superpositions. Hence, some outliers can
be found in this interval. Their number can be reduced by further
processing. Since the respective injection durations can partly be
realized by choosing different control durations, the operating
points in this interval are of lower relevance.

During the engine run, the phenomena shown in the previous sec-
tions also occur, @. The proposed algorithm for detecting the BOI
and the EOI yields a clear and plausible result.

5 SYNOPSIS

Solenoid injectors can be calibrated by estimating the actual du-
ration of fuel injection using the knock sensor situated on the en-
gine block. In this article, an easy to implement algorithm has been
presented, which can be integrated in an engine control unit for
in-situ injector calibration. Thereby, the mentioned systematic
variations can be reduced during the injector’s entire life-span. For
a complete optimization of the fuel metering according to Eq. 3,
the effects of fuel pressure pulsations and variances in the noz-
zle's diameter need to be taken into account.

The procedure detects the begin of injection by processing the
time domain sensor signal. The end of injection is determined by
comparing two signals of different control durations T,. The pro-
posed method for acoustic emissions analysis has proved to be
suitable. Even for very short control durations the estimation yields
reliable results. The evaluation based on the reference measure-
ments shows that each injector’s distinct characteristic, i. e. the
relation between the control duration T, and the injection duration
T, can be determined precisely by applying the presented algo-
rithm. The integration and testing on an ECU is yet to be per-
formed.
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RESEARCH INJECTION

VARIABLE DESCRIPTION UNIT

AIC(y(t))  Akaike-function of signal y(t) at time t

BOI Begin of injection

EOI End of injection

EPL End of pintle lift

h(t) Pintle lift [pm]

L. Max. pintle lift [um]

It Control current [A]

Lot Boost current [A]

[ Hold current [A]

ko Pick-up current [A]
Fuel pressure at injector [MPa]

q Fuel mass [mg/stroke]

SOl Start of injection

T Supply control duration [ms]

T Injection duration [ms]

T e Estimated injection duration [ms]

T, ot Injection duration according to reference signal [ms]

u Time index [s]

W, (t1) Time-frequency representation of h(t)

W _(L,1) Time-frequency representation of x(t)

Wyy{t,f) Time-frequency representation of y(t)

w(t) Time window for AIC

x(t) Knock sensor signal on cylinder head [Vl

y(t) Knock sensor signal on engine block Vi

Ay(t) Difference signal V1

AT, Difference of supply control durations [ps]

T Time index [s]

o Tuning parameter for time-frequency representations
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